University of South Carolina

Scholar Commons
Theses and Dissertations
Spring 2021

Experimental Investigation of Spray Cooling Integrated With a
Modified Vapor Compression Refrigeration System Using Several
Refrigerants
Nabeel Mukhlif Abdulrazzaq

Follow this and additional works at: https://scholarcommons.sc.edu/etd
Part of the Mechanical Engineering Commons

Recommended Citation
Abdulrazzaq, N. M.(2021). Experimental Investigation of Spray Cooling Integrated With a Modified Vapor
Compression Refrigeration System Using Several Refrigerants. (Doctoral dissertation). Retrieved from
https://scholarcommons.sc.edu/etd/6389

This Open Access Dissertation is brought to you by Scholar Commons. It has been accepted for inclusion in
Theses and Dissertations by an authorized administrator of Scholar Commons. For more information, please
contact digres@mailbox.sc.edu.

EXPERIMENTAL INVESTIGATION OF SPRAY COOLING INTEGRATED WITH A MODIFIED
VAPOR COMPRESSION REFRIGERATION SYSTEM USING SEVERAL REFRIGERANTS
by
Nabeel Mukhlif Abdulrazzaq
Bachelor of Engineering
Northern Technical University, Iraq, 2006
Master of Engineering
University of Mosul, Iraq, 2009

Submitted in Partial Fulfillment of the Requirements
For the Degree of Doctor of Philosophy in
Mechanical Engineering
College of Engineering and Computing
University of South Carolina
2021
Accepted by:
Jamil Khan, Major Professor
Chen Li, Committee Member
Tanvir Farouk, Committee Member
Jasim Imran, Committee Member
Tracey L. Weldon, Interim Vice Provost and Dean of the Graduate School

© Copyright by Nabeel Mukhlif Abdulrazzaq, 2021
All Rights Reserved.

ii

DEDICATION
To my parents, who supported me throughout my life to reach this milestone.
To my lovely wife, Maha. Without her love, support, patience, and understanding, the
completion of this work would not be possible.
To my children, Hasan, Jwan, and Rawan, who brought joy and happiness to my life.
To my brothers and sisters and all my friends for their support and encouragement.

iii

ACKNOWLEDGEMENTS
It is with great pleasure that I recognize the extraordinary help, support, and
mentorship I received from numerous people during my dissertation research career
without whom this dissertation could not have been completed.
First, I sincerely thank my advisor and committee chair Dr. Jamil A. Khan for his
unflinching support, guidance, and the opportunity given to work under his supervision.
In addition, I would like to express my sincere gratitude to my committee members
Dr. Chen Li, Dr. Tanvir Farouk, and Dr. Jasim Imran for their continuous support and
valuable comments that led to the successful completion of this dissertation.
I would like to extend my gratitude to my colleagues Azzam, Saad, Noble, Amitav
and Sowmya at the Department of Mechanical Engineering, University of South Carolina.
I also, would like to express my gratitude to the Higher Committee of Education
Development in Iraq and the Northern Technical University-Iraq for sponsoring the
scholarship of the author.

iv

ABSTRACT
Spray cooling has gained increasing interest over the last three decades due to its
high thermal performance as a direct cooling technique. Researchers are investigating
spray cooling in thermal management systems for electronic applications, particularly
focusing on the use of dielectric fluids including FC-72, FC-87, ammonia, and refrigerants
such as R113 and R134a. Their studies indicate that the usage of dielectric fluids as a
working fluid in spray cooling systems is promising and has significant thermal
performance enhancement, which is suitable for a wide range of electronic applications.
However, several deficiencies have been identified with the working fluids studied thus
far, such as flammability, toxicity, corrosivity, and negative impact on the environment.
In this dissertation, the performance of spray cooling combined with a modified
refrigeration system was experimentally investigated. Two objectives were explored in
detail. The first was to design, build, and test an experimental facility that can be used to
study a spray cooling system working with refrigerants. The second objective was to
investigate the performance of the new low global warming potential (GWP) refrigerants
R450a and R513a in spray cooling as an alternative to the refrigerant R134a, which was
selected as the baseline for the performance comparison.
A spray cooling system, combined with a modified refrigeration system, was
designed and built to operate as a prototype for electronic cooling applications. The system
was designed to perform multi-tasks, including the operation as an independent spray
cooling system, an independent refrigeration system, or an integrated spray cooling
v

refrigeration system. Furthermore, the performance of each of the refrigerants R134a,
R450a, and R513a during spray cooling was experimentally evaluated by investigating the
influence of various operating conditions.
Under the same operating pressure and volumetric flow rate, R450a demonstrated
enhanced performance compared to that of R134a and R513a. The overall cooling
performance of R450a was higher than that of R134a by ~20%, 25%, and 23% at the
chamber pressure of 0.5 MPa and nozzle inlet pressures of 0.7, 0.8, and 0.9 MPa,
respectively. On the other hand, under the same operating pressures, the overall cooling
performance of R513a was lower than that of R134a by approximately 27%, 25%, and
14%. The maximum heat transfer coefficient (HTC) obtained for R134a, R450a, and R513a
were 37.51, 58.94, and 35.95 kW·m-2.K-1, respectively. Furthermore, the critical heat flux
(CHF) of R134a, R450a, and R513a were 148.11, 154.83, and 131.88 W.cm-2, respectively.
The CHF of R450a was approximately 17% more than that of R134a at the lower
volumetric flow rate (2.88 × 10-6 m3·s-1), and 4.3% more at the highest volumetric flow
rate (3.68 × 10-6 m3·s-1). Meanwhile, the CHF of R513a was lower than that of R134a by
approximately 22% and by11% under the same two flow rate conditions, respectively. A
slight variation was seen in the performance of the three working fluids based on the
saturation temperature in terms of CHF and HTC. Finally, the thermal performance of the
new combined spray-refrigeration system was evaluated in terms of the coefficient of
performance (COP) while using R450a and R513a as working fluids. The results indicated
a slight enhancement of the COP by 17.8% for R450a and 16% for R513a.

vi

In conclusion, R450a can be considered a reasonably good substitute for R134a in
spray cooling and refrigeration systems. Although R513A had a lower heat transfer
performance than that of R134a, it may still be used in spray cooling applications.
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CHAPTER ONE
INTRODUCTION

1.1 Motivation
In 1965, Gordon E. Moore, the co-founder of Intel Corporation, stated that the
number of semiconductors on a square inch of an integrated circuit would be doubled every
18 to 24 months [1]. This was later recognized as Moore’s law and became the golden rule
for the electronics industry that essentially predicts the growth rate of the number of
transistors per square inch of an integrated circuit. Figure 1.1 [1] illustrates the timeline of
the predicted number of the transistor increments for each year, according to Moore’s law.
The predictions of this law have reasonably held up for over 50 years. The next decade is
likely to witness the manufacture of more powerful computers. Although the ongoing
development in the microprocessors industry will improve and enhance the operation and
the effectiveness of computers, it can be expected that power consumption will increase
dramatically, resulting in increased requirements to dissipate heat. Hence, the cooling of
electronic parts and equipment will become a challenge. One of the most critical factors
that played a vital role in the evolution of electronics is the thermal management system.
Researchers have done remarkable work in keeping pace with the rapid increase of the heat
dissipation from the electronics. Thus, to keep the developing progress of the electronics
elevated, more efforts should be placed to assist and even expand this development through
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more research targeted to enhance, improve, and develop current and future thermal
management techniques.

Figure 1.1 A semi-log plot of transistor counts for microprocessors against dates of
introduction. Adopted from Wikipedia; https://ourworldindata.org/technologicalprogress
According to Intel company, heat dissipation from new high-power density
microprocessors is starting to reach the limits of forced air cooling, i.e. fan cooling
technique [2]. Consequently, the fan cooling system in regular desktop computers will be
replaced by more efficient systems. The next in line cooling systems would be heat pipes
and single-phase cooling systems to be used in high heat flux microprocessors [2]. Some
researchers have reported that single-phase liquid cooling systems are not efficient enough
to be employed for electronic applications that generate heat between 50 to 100 W·cm-2,
because of thermal performance limitations [3]. In recent years, there has been a growing
interest in spray cooling as a promising thermal management technique that could handle
high heat flux. The spray technique is used in a wide range of applications including
2

medical, agriculture, military, industrial, HVAC, and electronics. The spray can be used
for product improvement, such as in agriculture, and it can be used for cooling units such
as HVAC and electronics. Some of the medium to high-temperature applications that spray
cooling has been operated are metal quenching, food processing, firefighting, air washers,
and central air conditioning systems [4]. However, for electronics and low-temperature
applications, spray cooling involvement is still limited because of the lack of a full
understanding of the spray cooling mechanisms and system feasibility [4]. Meanwhile, for
certain high-level computers such as supercomputers, spray cooling is now established as
the preferred cooling system [2].
In recent years, some researchers have proposed the use of refrigerants as a working
fluid in spray cooling. The thermal and physical properties of some refrigerants are
particularly suitable for the cooling of low-temperature applications with high heat flux
such as high power electronics, laser, military equipment, medical equipment, and electric
vehicles. However, the recent development of the Montreal Protocol will change the
landscape of refrigerants, especially hydrofluorocarbons (HFCs). The protocol adopted a
new amendment to phase-down and reduce the production of HFCs by 80% during the
coming 30 years, beginning in 2020 [5]. The main reason for this amendment is the high
negative impact that some kinds of these fluids have on the environment, especially global
warming. The common refrigerant R134a has been identified as a dominant contributor to
global warming due to its relatively high global warming potential (GWP = 1430 [6]), and
a high rate of consumption [7].In general, there are two types of spray cooling systems,
namely, the open-loop spray system, and closed-loop spray system [8]. The open-loop
system consists of a liquid reservoir, pump, and a spray nozzle where the fluid flows first
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to the targeted object and then to the environment. Thus, the working fluid is not circulated
in the system for economic reasons. The typical closed-loop spray cooling system consists
of a pump, spray chamber (that encompasses the targeted hot surface), and a cooling coil
that is used to cool the working fluid. Unlike in the open-loop spray system, in the closedloop spray system, the working fluid circulates in a closed-loop. The closed-loop spray
system is suitable for low-temperature applications such as electronic and electrical
purposes.
In this dissertation, spray cooling was investigated as a cooling technique for lowtemperature and high heat flux applications. The study included the design, fabrication,
and evaluation of a unique closed-loop hybrid integrated spray-refrigeration system having
a dielectric refrigerant as the working fluid. Three refrigerants, R134a, R450a, and R513a
were investigated in this study. R134a was used as the baseline working fluid, meanwhile,
R450a, and R513a were used as alternative fluids for R134a. Also, a set of experiments
were conducted to examine the effect of operating conditions such as pressure,
temperature, and flow rate for each refrigerant. In addition, a visualization method was
developed using a high-speed camera to observe the spray process, which enabled better
insights on the spray process.

4
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CHAPTER TWO

THEORETICAL BACKGROUND
In this chapter, spray mechanisms, spray cooling heat transfer mechanisms, and
thermodynamic analysis of refrigeration system theory will be covered.
2.1 Spray Physics on Liquid Film Breakup
2.1.1 Liquid Film Breakup
In this section, some of the essential fundamental physics of the spray process will
be briefly presented. A spray is defined as a group of fine droplets induced from the liquid
film breakup due to the application of a force on the liquid via a spray nozzle [4].
Afterword, the fine droplets impinge individually upon the target surface, as shown in
Figure 2.1. Generally, the viscosity and surface tension of fluids affect the applied force.
On the one hand, viscosity causes resistance toward the breakup mechanism that
disintegrates the fluid particles resulting from the shear stress; on the other hand, surface
tension plays a significant role in the breakup process. In fact, overcoming the surface
tension facilitates the scattering of large droplets into smaller particles.
The mechanisms of the fluid breakup for a steady injection of a liquid through a
nozzle can be classified into four primary regimes [9]:
1-

Rayleigh Jet Breakup.

2-

First Wind-Induced Breakup.

3-

Second Wind-Induced Breakup.

5

4-

Atomization.

Figure 2.1 Demonstration of the spray process.
The magnitude of Reynolds number (Re), Eq. 2.1 Weber number, Eq. 2.2, and
Ohnesorge number, Eq. 2.3, sometimes called stability number, are characterized by each
regime [9].
Reynolds number represents the ratio of the inertial forces to the viscous forces. It
can be calculated from the following equation [10].

𝑅𝑒𝑑𝑜 =

2∆𝑃
𝜌𝑔( 𝜌 )
𝑓

1/2

𝑑𝑜

(2.1)

𝜇𝑓

Weber number, which is the ratio of the droplet kinetic energy to surface tension,
is defined as [10].

𝑊𝑒𝑑𝑜

2∆𝑃
𝜌 𝑔 ( 𝜌 ) 𝑑𝑜
𝑓
=
𝜎

(2.2)

Finally, the Ohnesorge number represents the ratio of an internal viscosity force to
the surface tension force and is defined as [9]:
𝑂ℎ = 𝑍 = 𝑊𝑒 0.5 . 𝑅𝑒 −1
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(2.3)

Table 2-1 illustrates the characterization of the water breakup regime through the
air based on the values of Weber number, Reynolds number, and Ohnesorge number [9].
Also, Figure 2.2 shows the shape of the spray cone based on the breakup regimes [9]. It
can be noticed from Table 2-1 that a higher Weber number gives finer droplets.
Automatization breakup produces a very dense spray, but at the same time, the droplet size
is minimal.
Table 2-1 Breakup regime classification summary based on Re, We, and Oh values [9]
Regime

Breakup type

1

Rayleigh breakup

2

First windinduced
breakup
Second windinduced
breakup

3

4

Atomization

Predominant drop
formation mechanism
Surface tension force
Surface tension force;
dynamic pressure of
ambient air
The dynamic pressure of
ambient air opposed by
surface tension force
initially
Unknown

Criteria
Wea > 0:4 or;
Wea > 1.2 + 3.41 Oh0.9
1.2 + 3.41 Oh0.9< Wea< 13
13< Wea< 40.3

Wea>40.3 or
Oh ≥ 100 ReL-0.92

Figure 2.2 Schematic diagram of the spray breakup types [9].
Based on the Weber number values and the shape of the spray cone, the breakup
type of the spray nozzle used in this study was located in the atomization section. After the
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breakup, the sprayed fluid engages and interacts with the surrounding medium, usually the
vapor phase of the same working fluid, and with the target surface, as illustrated in Figure
2.3. This engagement and interaction between the droplet and the gas medium produce the
momentum transfer, and the interaction between the droplet and the solid surface produces
momentum, mass, and heat transfer. The Weber number is considered as the principal
parameter to determine the behavior of the momentum interchange between the droplet and
the continuous medium [11].

Figure 2.3 Demonstration of the interaction between the spray and the surrounding vapor
and the solid surface.
The droplet interaction with the impacted surface is regulated by surface
characteristics. The collision of the droplet on the surface is affected by two factors [11]:
1- Surface temperature.
2- Surface roughness and pattern.
Surface temperature is an essential parameter that influencing the droplet impact. It was
determined that the droplet behaves differently on a cold surface compared to a hot surface
or a dry and wet surface based on the surface temperature [11].
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The surface roughness plays a significant role in the behavior of the droplet
collision on the surface. It was noticed that the droplet is more likely to shatter on a rough
surface when compared to a polished surface due to the increase of the contact area between
the liquid and the solid when roughness is introduced [11]. Changing the surface pattern is
also another attractive factor to investigate. The surface pattern is created by adding
extended surfaces or by making groves that change the shape of the flat surface. There are
five different scenarios of the droplet interaction after it strikes the surface, and they are
[9][11]:
1- Adhesion or pure rebound: this kind of interaction happens when the impacted droplet
has deficient impingement energy. The droplet sticks to the wall in a spherical shape and
then emerge entirely with the local liquid film formed on the target surface. This regime
can be detected when We > 15±5.
2- Rebound with a breakup: The impinging droplet reflects from the surface and breaks
into a smaller droplet. The determination criterion is 20±5> We >50±5.
3- Splashing limit: In this regime, the droplet impinges on a wet surface and then spreads
from the surface. The Weber number for this regime is We ≈ 60±10.
4- Typical splash: in this region, the droplet once hits the surface will break up into a very
fine droplet and gets splashed away from the surface with a splash angle of ≈ 20°. The
transition criterion of this regime is when 60±10> We < 350±20
5- Prompt splash: further breakup happens to the droplet in this region after hitting the
solid wall, where the droplet forms the shape of a crown. Afterward, a part of the droplet
breaks up and ejects as small droplets away from the collision point with an angle less than
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20°. The Weber number for this zone is > 350. Figure 2.4 summaries the five scenarios of
droplet impact characteristics on the wall with different Weber numbers [11].

Figure 2.4 Droplet impact characteristics on a wall with different Weber numbers [11].
2.2 Heat Transfer Mechanisms of Spray Cooling
There are four heat transfer mechanisms that have been identified in the spray
cooling process. These mechanisms are forced convection, nucleate boiling, secondary
nucleation, and thin-film evaporation [4]. The regime of the cooling process, whether
single-phase or two-phase, decides the dominated mechanism.
2.2.1 Single Phase Regime
The single-phase regime is recognized when the temperature of the surface is lower
than the saturation temperature of the working fluid, as shown in Figure 2.5. In this region,
the dominant mechanism is the convective heat transfer. The heat transfer performance in
this regime is relatively weak when compared to other regimes such as the nucleate boiling,
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and therefore, it has less attention [4]. This can be attributed to this regime’s relatively poor
cooling performance, especially when compared to that of nucleate boiling. After the
impingement of spray droplets on the surface, a liquid film forms on the surface. The heat
is transferred from the solid surface to the adjacent liquid by conduction followed by the
transfer of heat from the liquid film to the vapor or gas inside the spray chamber by
convection. This heat transfer region is mainly influenced by the spray volumetric flow
rate [12][4]. As the spray volumetric flow rate increases, the droplet velocity increase
correspondingly. Consequently, the thermal boundary layers over the surface will be
disrupted. This disruption will reduce the thermal resistance of the liquid film and enhance
the heat removal rate of this regime. Equation 2.4 can be used to estimate the heat transfer
from the surface to the liquid film.
𝑄 = 𝑚̇ . 𝐶𝑝. (𝑇𝑤 − 𝑇𝑖𝑛 )

(2.4)

Figure 2.5 Demonstration of single face heat transfer mechanism in spray cooling.
2.2.2 Two-Phase Region
This regime is initiated when the surface temperature exceeds the limit of the
cooling liquid saturation temperature. For instance, the wall temperature must exceed 100
°C if the water is the working fluid in the spray cooling setup under normal atmospheric
pressure. The highest heat removal rate ensues in this region due to the involvement of the
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phase change. In fact, to take full advantage of spray cooling, the phase change should be
involved in the heat transfer process [2]. In this regime, the occurrence of three different
mechanisms; nucleate boiling, thin-film evaporation, and secondary nucleation, were
reported by researchers [12] [13].
2.2.3 Nucleate Boiling Regime
This regime starts when the degree of liquid superheat is adequate. The nucleate
boiling happens at the target surface. Figure 2.6 shows a schematic diagram of the nucleate
boiling phenomenon [14]. In this regime, the nucleate sites are an essential factor that starts
the formation and the growth of the vapor bubbles from the surface. The nucleate site is a
microscopic grove located on the target surface.

Figure 2.6 Nucleate boiling site and bubble forming and growth on the cooling surface.
2.2.4 Thin Film Evaporation
After the droplet impingement, a thin liquid film forms on the surface. The liquid
film forms a thermal resistance layer in the single-phase regime and only transfers heat by
conduction. However, when the nucleate boiling occurs, the liquid film thickness starts to
reduce due to the bubble formation, and more nucleate sites from thin-film evaporation
dominate [4]. Figure 2.7 illustrates the phenomenon of thin film evaporation [14].
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Figure 2.7 Demonstration of thin-film evaporation.
2.2.5 Secondary Nucleation
This regime occurs in two ways. First, the spray droplets that impact the liquid film
and momentum of some droplets, vapor enters the liquid film and initiate secondary
nucleation within the liquid film. Second, some bubbles collapse or divide into several
smaller bubbles by the frequent impact of the spray droplets. The secondary nucleation is
located within the liquid film layer, not on the hot surface. Figure 2.8 illustrates the
secondary nucleation sites inside the liquid film.

Figure 2.8 Schematic diagram of secondary nucleation during spray cooling.
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2.3 Thermodynamic Analysis of the Spray-refrigeration System
Figure 2.9 (a) illustrates a simple single-stage compression refrigeration system that
consists of four components: compressor, condenser, expansion valve, and evaporator. In
the single-stage system, there are two pressures: the high side pressure - the condensation
pressure, and the low side pressure - the evaporation pressure. In this dissertation, there
three pressures were used in the system where the spray chamber intermediate pressure
was employed between the high- and low-pressure regions. The rule of the spray in the
refrigeration system will be explained later in this chapter.
In addition, Figure 2.9 (b) displays the pressure-enthalpy diagram of the singlestage vapor compression system. The standard vapor compression refrigeration cycle
consists of the following processes [15]:
1- In the compressor: the compression from the evaporator pressure to the
condenser pressure is a reversible and adiabatic process.
2- In the condenser: the condensation and de-superheating through the condenser
is a reversible and isobaric process.
3- In the expansion device: the throttling process is irreversible expansion at
constant enthalpy from the condenser to the evaporator pressure.
4- In the evaporator: evaporation is an isobaric reversible heat-absorbing process.
5- The refrigerant exits from the evaporator saturated vapor and exit from the
condenser saturated liquid.
6- Each process is considered as a steady state process.
The thermodynamic analysis for each part will be briefly covered in the following sections.
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Figure 2.9 (a) Schematic diagram of the single-stage compression refrigeration system
components, (b) Pressure-Enthalpy diagram of the system.
2.3.1 Compressor
The compressor in the refrigeration system considered the heart of the system. It is
used to circulate the working fluid in the system and elevate the pressure of the working
fluid from the low pressure of the evaporator to the high pressure of the condenser. Based
on Figure 2.9 (b), the power consumed by the compressor can be calculated using the
following equation.
𝑊𝑐 = 𝑚̇ (ℎ1 − ℎ2 )

(2.5)

2.3.2 Condenser
The condenser is basically a heat exchanger where the superheated refrigerant gas
liquifies by rejecting heat to the cooling medium. The cooling medium could be either a
gas like air or a liquid like water. Also, the condenser can be air-cooled similar to a fin and
tube heat exchanger, or it can be water-cooled comparable to a shell and tube or tube in a
tube heat exchanger. The amount of heat rejected from the refrigerant during the
condensation process can be estimated using the following equation.
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𝑄𝑟𝑒𝑗 = 𝑚̇ (ℎ2 − ℎ3 )

(2.6)

2.3.3 Expansion Valve
The expansion device has two ultimate purposes in the refrigeration system; to
reduce the pressure of the saturated liquid from the condenser pressure to the evaporator
pressure to allow the refrigerant to expand inside the evaporator and to regulate the flow
of the refrigerant to the evaporator based on the cooling load. Fundamentally, there is no
work done, heat added, or heat rejected during the expansion process. The process is
considered a constant enthalpy process, as illustrated in the following equation.
(2.7)

ℎ3 = ℎ4
2.3.4 Evaporator

The cooling effect is the term that describes the process of removing heat from the
medium or the space that needs to be cooled down, and that happens in the evaporator.
Unlike the condensation process, the refrigerant exits the evaporator as a saturated vapor
at the ideal condition and several degrees superheated in at the actual condition. The
evaporator is design or selected based on the required cooling load of the system. The
amount of heat absorbed by the refrigerant in the evaporator can be calculated using the
following equation.
𝑄𝑎𝑑𝑑 = 𝑚̇ (ℎ1 − ℎ4 )

(2.8)

The performance of the refrigeration system is estimated by the coefficient of
performance (COP). The COP represents the fraction of the heat absorbed in the evaporator
to the work done or the power consumed by the compressor, and it can be calculated using
the following expression [15] [16].
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𝐶𝑂𝑃 =

𝑊𝑐
ℎ1 − ℎ4
=
𝑄𝑎𝑑𝑑
ℎ2 − ℎ1

(2.9)

2.4 Integrated Spray-refrigeration System
The integration of the spray system into a closed-loop single-stage vapor
compression refrigeration system will change the order of the pressure from a single
pressure system into a multi-pressure system, where the spray pressure represents the
intermediate pressure.

Figure 2.10 illustrates the schematic and P-h diagram of the spray-refrigeration combined
system.
The modified system is a hybrid system between multistage and multi-evaporator
refrigeration systems. This system is a multi-task unit that can operate as a spray system,
and it can operate as a spray-refrigeration system at the same time by using control valves.
The system operation and procedure will be discussed extensively in chapter four. The
thermodynamic analysis of the new system is similar to what has been stated previously.
However, there are two additional parts, the spray chamber, and the liquid line heat
exchanger. The employment of these two parts will be explained later in chapter four. The
liquid line heat exchanger is installed between the condenser exit and the outlet of the

17

evaporator. By using the liquid line heat exchanger, the liquid refrigerant in the liquid line
will be sub-cooled by the remaining liquid coming out from the evaporator. As a result, the
liquid refrigerant will enter the spray nozzle and/or the expansion valve as a sub-cooled
liquid, and vapor refrigerant will enter the compressor as a superheated vapor. Accordingly,
the values of the enthalpy may vary from the standard refrigeration cycle.
The coefficient of performance of the new system will be modified to include the
heat absorbed by the refrigerant inside the spray chamber. The new modified COP can be
calculated using the following expression.
𝐶𝑂𝑃 =

𝑄𝑎𝑑𝑑 + 𝑄𝑠𝑝𝑟𝑎𝑦
𝑊𝑐

(2.10)

Where (Qspray) is the heat absorbed by the refrigerant during spray cooling, and it
can be calculated using the heat conduction fundamental as it will be explained later in the
data reduction section.
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3

CHAPTER THREE

LITERATURE REVIEW
3.1 Introduction
Over the past three decades, an increasing number of studies on spray cooling has
been published to tackle the urgent need to develop efficient thermal management systems
that are able to overcome enhanced heat dissipation rates from a wide range of engineering
applications, particularly from the electronics sector. Researchers have worked on various
aspects to improve and enhance the thermal performance of spray cooling and in general,
focus on two thermal enhancement techniques, which are classified as either active or
passive. Active enhancement requires additional power to improve the thermal
performance of the system, such as raising the flow rate by increasing the pumping power,
which will improve the heat transfer performance. Unlike active methods, passive
enhancement techniques do not require additional power and instead, consist of enhancing
thermal performance via surface modification or by improving the thermal properties of
the working fluid.
In this study, we propose a passive enhancement technique involving the use of
dielectric fluids such as refrigerants as a working fluid in spray cooling. There is a current
dearth in research to study dielectric fluid in spray cooling due to experimental difficulties,
with more studies skewed towards spray cooling enhancement techniques involving
surface modification by changing the surface structure and fluid properties modification
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by the addition of nano-particles. These modification studies fall out of the scope of this
dissertation and will not be reviewed. The main focus of this review will be studied on the
use of dielectric fluid in spray cooling, as well as refrigerants in the refrigeration system.
3.2 Literatures on Spray Cooling with Dielectric Fluids
For most thermal systems, water has been used in spray cooling for a wide range
of applications such as cooling towers, metal quenching, food processing, heating
ventilation, and air conditioning systems, etc. However, water cannot be used as a working
fluid for electrical and electronic applications due to electrical conductivity and corrosivity,
as well as the high saturation temperature of the water. As a result, many researchers have
proposed the use of dielectric fluids in spray cooling.
Ghodbane and Holman [17] experimentally investigated the dielectric refrigerant
R113 in spray cooling by using a full cone and square hydraulic spray nozzles with three
different throat diameters and a flow rate range from 0.5 to 126 cm3·s-1. They used a
horizontal spray on a vertical constant heat flux surfaces and investigated the effect of the
nozzle-to-surface distance, mass flux, spray droplet diameter, and velocity on the
performance of the spray cooling.
They also studied the effect of the hot surface area on spray performance using two
target surface areas (15.25x15.25 cm2 and 7.62x7.62 cm2). Their research revealed that
surface area had a negligible effect on the spray cooling performance, provided the spray
was uniform. They also concluded that the Weber number, which includes the droplet
velocity, pressure difference, and surface tension, had a substantial impact on the overall
heat transfer characteristics of spray cooling, and finally proposed Finally, an empirical
correlation to calculate the heat flux of refrigerant R113 was proposed [17].
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In another study, Estes and Mudawar [18] investigated the effect of different types
of working fluid including dielectric fluids FC-72 and FC-87, and water on nucleate boiling
heat transfer and critical heat flux (CHF) in spray cooling. They examined the effect of
volumetric flux, nozzle type, and the working fluid on spray cooling performance, using
three nozzles of varying diameters. They found that the boiling curve of spray cooling was
vastly different from that of conventional systems when there was a dense flow and high
Weber number, which led to decreased evaporation efficiency and reduced the slope
between the single-phase and two-phase regimes. On the other hand, a low volumetric flow
rate, and low Weber number, displayed a noticeable slope of the boiling curve of spray
cooling due to increased evaporation efficiency. This study also revealed that CHF
increased with higher volumetric flow rates and was affected by the droplet diameter,
where smaller droplets resulted in higher CHF. Finally, an empirical correlation was
developed to predict the CHF of spray cooling for water, FC-72, and FC-87 based on the
thermophysical properties of the fluid, volumetric flow rate, nozzle characteristics, and
heater length.
Hsieh et al. [16] experimentally investigated the characteristics of spray cooling
using water and R134a as working fluids. They studied the effect of the working fluid,
degree of subcooling, and spray mass flux on the performance of spray cooling. Three
nozzle inlet pressures of 0.15, 0.2, and 0.25 MPa were selected for water, whereas for
R134a the nozzle inlet pressures were 0.62, 0.67, and 0.72 MPa. The fluid flow rate was
calculated based on the pressure difference between the nozzle pressure and the chamber
pressure. The target surface diameter was 80 mm, and the nozzle-to-surface distance was
60 mm. A nozzle diameter of 0.38 mm was used with both working fluids. Their study,
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which focused on nucleate boiling and film boiling, revealed that mass flux had a
significant effect on spray cooling performance for both working fluids. They observed
that the degree of subcooling did not have an apparent effect on spray cooling, particularly
for R134a. However, they found that at a high degree of subcooling (55 to 60 °C), the onset
of saturated boiling of water was delayed. In general, the performance of the water as a
working fluid was much higher than that of R134a. Finally, a correlation was developed in
terms of boiling number, Weber number, and Jacob number for both water and R134a.
Xu et al. [19] studied the performance of isobutane R600a as a working fluid in a
spray cooling system. In their study, the spray chamber served as an evaporator in the
refrigeration system. A full cone nozzle with a 60° spray angle and 0.83 mm throat diameter
was used to spray R600a over a hot circular copper block with a 12 mm diameter. The
surface to nozzle distance was kept at 10.4 mm above the target surface. Figure 3.1 shows
a schematic diagram of the spray cooling system used to conduct the experiments. The
influence of the mass flow rate, chamber pressure, and nozzle inlet pressure on the
temperature uniformity, heat flux, and HTC was investigated. They found that the mass
flow rate had a significant effect on the spray cooling performance where the surface
temperature was maintained at 57.3 °C with a heat flux of 145 W·cm-2, when the coolant
mass flow rate was nearly 6.9 kg/h.
The maximum heat transfer coefficient achieved was 35 kW·m-2.K-1 when the
chamber pressure and the nozzle inlet pressure was 0.23 and 0.49 MPa, respectively.
Finally, the temperature uniformity of the target surface was ascertained to be mostly
influenced by the mass flow rate, heat flux, and the nozzle inlet pressure altogether, with a
standard deviation of the surface temperature of less than 4 °C.
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Figure 3.1: A schematic diagram of the spray cooling system used by Xu et al. [19].
In another study, Hou et al. [20] investigated the performance of the refrigerant R22
during spray cooling. The system consisted of a compressor, water-cooled condenser,
expansion valve, and the spray chamber. The spray chamber was used instead of an
evaporator. The target surface was fabricated from oxygen-free copper with a diameter of
12 mm. The nozzle throat diameter was 0.3 mm, and the nozzle-to-surface distance was
maintained at a distance that provided full coverage of the target surface. The nozzle inlet
pressure ranged between 0.6 to 1 MPa and the chamber pressure was kept at 0.34 MPa,
while the temperature of the nozzle upstream was maintained at -3 °C. Their results
indicated that the system using R22 had an excellent capability in removing high heat flux
from a relatively small area at low temperatures. The nozzle inlet pressure had a significant
influence on the CHF, where it was observed that as the inlet pressure increased the CHF
value initially increased and then decreased slightly. In addition, they showed that at a
nozzle inlet pressure of 0.8 MPa, the maximum CHF achieved was 276.1 W·cm-2 at a
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corresponding surface temperature of 26.8 °C. Figure 3.2 illustrates a schematic diagram
of the experimental system used by Hou et al. [20].

Figure 3.2 A schematic diagram of the experimental facility used by Hou et al. [20].
Hou et al. [21], experimentally investigated the effects of the refrigerant R134a in
closed spray cooling integrated into a refrigeration system. In their study, the spray
chamber was integrated into a modified heat pump water cooler system that utilized a
water-cooled condenser and evaporator. They found that the CHF was enhanced as the
chamber pressure increased due to a rise in saturation temperature. The main focus of their
study was to determine the influence of the volumetric flow rate on the working fluid. The
nozzle diameter was 0.46 mm, and the distance between the target surface and the spray
nozzle was kept at 13 mm to provide full coverage of the target surface. Flow rates ranging
from 0.211 to 0.356 L/min were used to investigate the influence of the volumetric flow
rate on the spray cooling performance. Their results showed enhancement in the heat
transfer performance and the COP upon the volumetric flow rate increment. In addition,
the CHF increased linearly as the volumetric flow rate increased where the maximum CHF
of 117.2 W·cm-2 was achieved at a surface temperature of 46 °C.
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In a similar study, Martinez-Galvan et al. [22] conducted an experimental
investigation to study the effect of the cone angle of the spray on the performance of spray
cooling using the refrigerant R134a as a working fluid. The cone angle, which was
measured by using images from a high-speed camera, was varied by using three different
types of nozzles with two alternate spray angle values and by changing the nozzle-tosurface distance. Three nozzle-to-surface distances of 12, 14, and 16 mm were used. The
study found that as the spray angle decreased, there was a delay in the onset of nucleate
boiling, which resulted in a decline in spray thermal performance. However, they observed
that the film boiling regime was enhanced at a smaller spray cone angle.
In another study, Bostanci et al. [23] experimentally analyzed the spray cooling
performance of refrigerants R134a and R1234yf using enhanced surfaces. Their
experimental setup involved a closed-loop spray cooling system that contained a pump,
spray chamber with an atomized spray nozzle, heat exchanger, and reservoir. They found
that R134a performed better than R1234yf in terms of heat transfer coefficient and CHF
values. In addition, the electroplated-microporous surface provided the highest heat
transfer enhancement compared to the other tested surfaces.
Zhou et al. [24] performed experiments to characterize the performance of the
refrigerant R404a as a replacement of R134a in laser therapeutic treatment of dark skins.
The experiments were conducted in an open system with a special nozzle design. A highspeed camera was used to capture the spray flow pattern and the droplet velocity. The
diameter of the spray was measured by a phase Doppler particle analyzer (PDPA). The
study found that the surface cooling was enhanced with abundant and faster droplets,
especially in the early stage of the jet-like spray.
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Recently, Lin et al. [25] experimentally investigated the effects of spray distance
and nozzle diameter on heat transfer performance using R410A as a working fluid during
spray cooling. The experiment was performed using a closed-loop system where a spray
chamber was used instead of an evaporator. The nozzle-to-surface distance was varied from
10 mm to 30 mm with 5 mm increments. Three spray nozzles with diameters of 0.51, 0.56,
and 0.69 mm consisting of the same internal structure were selected for the study. Their
results showed that the CHF initially increased and then started to decline with the increase
of spray distance. The highest CHF value reached was 264 W/cm2 at a surface temperature
below 30 °C. A heat transfer coefficient of 210 kW/.m2·K was reached at a 25 mm nozzleto-surface distance. Furthermore, the nozzle with an orifice diameter of 0.56 mm obtained
a higher cooling performance compared to the other nozzle diameters. Accordingly, they
concluded that the optimum nozzle diameter was determined by the counterbalance
between the mass flow and outlet velocity of the droplets.
3.3 Refrigeration System Literature
According to the Montreal Protocol [26], refrigerants such as HCFC and CFC are
among the list of harmful substances that have been scheduled to be phased out. The ODP
value has been set as 1 for refrigerants R11, and R12, as a maximum potential ODP in
refrigerants. As a result, within the last two decades, refrigerants R11, R12, and others from
the CFC family have either been phased out entirely or banned from the market. In the
wake of the Montreal protocol, refrigerant companies introduced R134a as a replacement
of R12, and since then R134a has become a standard refrigerant in many refrigeration
system applications including refrigerators, water coolers, and air conditioners. However,
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recently, R134a has come under the scope as a contributor to climate change with a GWP
of 1300 [27] [28].
Since the first appearance of R134a in the refrigerant market, many studies have
been conducted to evaluate new refrigerants as a replacement of R12. Nowadays, several
new studies have been performed to investigate and evaluate the performance of newer
refrigerants that could be a compelling alternative to R134a. The reduction of R134a use
has become a necessity in order to reduce the impact of climate change as well as achieving
global environmental goals.
A few studies have investigated the performance of R134a alternatives. Mastrullo
et al. [29]; theoretically compared R134a with two new alternative refrigerants R1234yf
and R1234ze. The study was performed in summer and winter conditions for an air
conditioning system of the high-speed train compartment. They found that the difference
between the baseline, R134a, the COP, and alternative fluids strongly depends on the
ambient temperature.
Mendoza-Miranda et al. [30] conducted an experimental and comparative energetic
evaluation of R1234yf, R1234ze, and R450A as alternatives to R134a. Their results
showed that a reduction in the cooling capacity obtained with R1234yf, R450A, and
R1234ze, in comparison with R134a. Also, COP values of R134a were higher than those
obtained from R1234yf, R450A, andR1234ze.
Later, Mota-Babiloni et al. [31] experimentally investigated the performance of
R513A as a replacement of R134a in a compression refrigeration system at different
evaporator and condenser temperatures. The performance of R513A was higher in terms
of cooling capacity and mass flow rate. In addition, and the measured COP of R513A was
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also higher than that of R134a, while the evaporating and condensing temperatures of
R513A were lower than those obtained by R134a.
Atilla et al. [32] proposed a method for enhancing the energy parameters of
refrigeration systems using R134a and new alternatives R1234yf and R1234ze. The
performance of the three refrigerants was experimentally compared. In their system, they
used a plate-type liquid in a suction heat exchanger (LSHX) in order to study its effect on
the performance. They observed that even though the cooling capacity and power
consumption of R1234ze were lower, its COP was relatively higher compared to R1234yf.
Additionally, the system COP with LSHX using R1234ze was higher by approximately
3% than that without LSHX which used R134a.
Recently, Belman-Flores et al. [33] conducted an energy comparison of three
refrigerants: R134a, R450A, and R513A, using an artificial neural network. The neural
network was used to model three main energy parameters of a small refrigeration system:
the cooling capacity, the power consumption, and the COP as a function of the operating
temperature of the evaporator and condenser. They concluded that R450A and R513A are
suitable refrigerants to replace R134a at medium evaporating temperature.
Yang et al. [34] experimentally compared R134a and R513a in a domestic
refrigerator. They observed that the power consumption of R513a in 24-hours was 3.5%
lower than that of R134a in the same period. The freezing capacity of R513A was also
better than that of R134a by 43.2 min during the freezing test. In addition, R513A indicated
a similar behavior to R134a with a lower discharge temperature and compressor pressure
ratio.

28

More recently, Makhnatch et al. [35] evaluated the performance of R450a and
R513a as alternatives of R134a in a small capacity vapor compression refrigeration system
operating in a hot environment. The results showed that R513A adapted better to the
refrigeration system than R450a in terms of pressure ratio, discharge temperature, and mass
flow rate. Meanwhile, in terms of the energy performance of R450a, measured by COP as
well as cooling capacity, was lower than those obtained by R513A and R134a.
3.4 Summary of the Literature
Based on the literature, it can be concluded that some researchers have only focused
on the working fluid behavior during spray cooling, while others have studied the sprayrefrigeration system and the use of the refrigerant in spray cooling.
The refrigerants that have been studied in spray cooling include R113, R134a, R22,
R600a, R1234yf, R404a, and R407c, in addition to other dielectric fluids such as ammonia,
FC-72 and FC-87. Some of these refrigerants have harmful properties such as high ODP,
high GWP, toxicity, corrosivity, and flammability, which makes their use unsafe for spray
cooling applications.
Most of the previous studies used the refrigerant vessel to supply the refrigerant
directly to the spray chamber, while others utilized a pump to circulate the refrigerant inside
a closed loop. It is important to note that these studies have ignored the existence of
lubrication oil, which is mixed and travels with the refrigerant in real refrigeration systems.
As the presence of lubrication oil has a significant impact on the refrigeration performance,
the results obtained from these studies are uncertain. Interestingly, only three studies found
in the literature used a complete refrigeration system with spray cooling. Xu et al. [19]
modified a refrigeration system as shown in Figure 3.1 so that the spray chamber served as
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an evaporator in the refrigeration system loop. Meanwhile, Yo Hou et al. [21] integrated a
spray chamber into a modified heat pump water cooler system in order to study spray
cooling with refrigerant.
For research that was performed in a refrigeration system, the main focus was to
study the performance of R134a alternative refrigerants such as R1234yf, R1234ze, R450a,
and R513a. Most of the studies were conducted on an existing system that operated with
R134a.
3.5 Aim of The Study
The interest in spray cooling has risen over the past three decades due to its high
thermal performance, which is useful for cooling techniques. Researchers have worked on
enhancing the performance of spray cooling through several techniques such as surface
modification and fluid properties enhancement. According to recent studies, the use of
dielectric fluids such as FC-72, FC-87, and several kinds of refrigerants in spray cooling
has been promising with these working fluids displaying significant thermal performance
that is feasible for electronic applications. However, several issues have been identified
with the working fluids that had been studied so far, including flammability, toxicity,
corrosivity, and a negative impact on the environment.
There are two objectives to this study. The first is to design, build, and test a spray
cooling system combined with a refrigeration system that can be used as a prototype for
electronic cooling. The system will be designed to work as both a conventional cooling
system and a spray cooling system concurrently.

30

The second objective is to study the performance of new alternative refrigerants of
R134a during spray cooling. These new refrigerants are R450a and R513a. More
information about these refrigerants will be provided in Chapter Four.
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4

CHAPTER FOUR

EXPERIMENTAL SETUP
Herein we describe the design, construction, and testing of a combined, single-loop,
spray cooling, and refrigeration system. The refrigeration system serves as the central
system, and spray cooling operates as a subsystem. The resultant system was designed to
work in three modes: refrigeration system only, spray cooling only, and spray plus
refrigeration. Figure 4.1 and Figure 4.2 display the schematic diagram and an actual
picture, respectively, of the experimental setup. The experimental device was constructed
at the School of Engineering and Computing machine shop and the Enhanced Heat Transfer
Lab at the University of South Carolina.

Figure 4.1 A schematic diagram of the single loop spray – refrigeration system.
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Figure 4.2 A picture of the experimental setup.
4.1 Refrigeration System
The refrigeration system was a standard single-stage vapor compression
refrigeration unit with a capacity of 1.515 kW and 6000 BTU. The refrigeration system
consisted of four primary components – the compressor, condenser, expansion valve, and
evaporator – in addition to accessories such as valves, filters, and sight glass. All the
components were selected based on a cooling capacity of 6000 BTU. Figure 4.1 shows the
order in which the components were connected. The pipelines that connect the system
components are named as follows: the discharge line - the compressor upstream, the
suction line - the compressor downstream, and the liquid line - the line that connects the
condenser with the expansion valve. In addition, a suction line heat exchanger was installed
between the liquid line and the suction line to improve system performance.
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4.1.1 Compressor
The compressor is considered the heart of the refrigeration system. The compressor
usually works between two components: one connected to the suction line, which is the
low-pressure side, and the other one connected to the discharge line, which is the highpressure side. In the refrigeration system, the compressor was located between the
evaporator (low-pressure component) and the condenser (high-pressure component). A
typical compressor has one inlet where the refrigerant enters at low pressure and low
temperature, and one outlet where the refrigerant emerges in a superheated state. For this
project, a hermetic rotary van brushless DC variable speed compressor, from Master flux,
was selected. The compressor capacity was 1757.25 Watt, “5996 BTU/hr”, with a
compression ratio of 8:1 and a displacement of 7.1 cm3 [36]. The selected compressor can
work on 12 or 24 DC power with a current range of 19 – 36 Amp based on the speed rate
of the compressor. The speed of the compressor can be adjusted either by using the manual
speed controller or by an automatic controller. Figure 4.3 shows the actual picture of the
compressor that was used in this study.

Figure 4.3 Hermetic rotary van brushless DC variable speed compressor, from Master
flux
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4.1.2 Condenser
The second component of the refrigeration system is the condenser or a heat
exchanger. The refrigerant enters the condenser as superheated gas, and as it passes through
the condenser, it cools and condenses to a liquid by transferring its heat to an external
cooling medium. There are several types of condensers that can be used in refrigeration
systems. Condenser size and type are selected based on the application, refrigeration
capacity, and the refrigerant properties. Condensers can be divided into three types based
on the cooling method: air-cooled, fan-cooled, and water-cooled, which use static air,
forced air, and water to cool down the refrigerant, respectively. The water flows through a
countercurrent pipe that is attached to the refrigerant pipe, or it can be sprayed over the
condenser pipes in an evaporative cooling tower. In general, the condenser has two ends:
one linked to the compressor, and the other attached to the expansion valve. In this study,
a double pipe water-cooled heat exchanger, from Doucette Industries Inc, was selected
[36]. The size of the condenser was chosen to handle the heat absorbed in the evaporator,
and the heat added by the compressor during the compression process. Figure 4.4, below,
illustrates the condenser which was used in the designed refrigeration unit [36].

Figure 4.4 The double pipe condenser used in the refrigeration unit.
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4.1.3 Suction Line Heat Exchanger
In order to improve the refrigeration unit, a suction line heat exchanger was added
to the system. The heat exchanger was installed between the condenser outlet and the
evaporator inlet. The heat exchanger utilizes the remaining cooling effect in the refrigerant
that flows in the suction line to cool down the liquid refrigerant after the condenser. In
addition, this heat exchanger ensures that there is no vapor bubble in the liquid line before
it enters the expansion valve or the spray cooling system and that there is no liquid
refrigerant remaining in the suction line before the refrigerant enters the compressor. The
suction line heat exchanger was selected based on the unit capacity.
4.1.4 Expansion Valve
The main expansion valve used in this study was a capillary tube made from copper.
The diameter of the tube was 3 mm and the length was 2.6 m. For experimental purposes,
three additional manual expansion valves (a) (b), and (c), as shown in Figure 4.1, were
installed on the bypass line, the one the inlet of the evaporator, and the suction line,
respectively. The objective of each valve is as follows: (a) reduce the pressure from the
high pressure of the condenser to the pressure of the evaporator in the bypass line, (b)
reduce the pressure of the return liquid from the spray chamber pressure to the evaporator
pressure, and (c) reduce the pressure of the returned vapor from the spray chamber to the
suction line of the compressor.
4.1.5 Evaporator
The evaporator used in this work was a finned tube evaporator cooled by a blower
fan and was adopted from a Haier air conditioning unit. The evaporator capacity was
suitable for a 6000 BTU of cooling capacity, which matched the need of the experimental
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system. The evaporator inlet was connected to the expansion valve from the refrigeration
system and to the return line from the spray chamber. The evaporator outlet was connected
to the suction line heat exchanger and then to the compressor.
4.1.6 System Piping and Accessories
Copper tubing was used to connect the refrigeration system components, while
flexible refrigeration hoses were used to connect the spray chamber with the refrigeration
system. Many valves were used in the system to control the flow and the pressure of the
refrigerant inside the system. Figure 4.2 illustrates the position of the valves in the system.
Ball valves were used to control the direction of the flow by opening or shutting the flow
line. Needle valves were used to control the flow rate and the pressure of the refrigerant at
the same time. In addition, a needle valve was used as an expansion valve in the system.
Also, a sight glass was installed on the liquid line to observe the status of the refrigerant
on the liquid line and also to ensure that there were no vapor bubbles left in the liquid
refrigerant.
4.2 Flow, Pressure, and Temperature Measurements
4.2.1 Flow Meter
Accurately measuring the flow rate of a pressurized system is challenging due to
inherent difficulties in calibrating flow meters. Therefore, three different flow meters, (a)
(b) and (c) as shown in Figure 4.1, were used to measure the flow in the system. The first
flow meter was a positive displacement flow meter from Omega Engineering with a flow
range of 0.01 to 0.3 L/min with ± 0.5% of accuracy, and it was installed on the liquid line
in the refrigeration system. The second was a gear flow meter installed on the liquid line
as well as before the spray chamber connection port. The flow range of the second flow
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meter was between 120 and 1000 mL/min with ± 1% accuracy. The third flow meter was
a rotameter, and it was installed on the spray chamber upstream. The first flow meter
produces pulses signals, and the second one produces current. Both flow meters were
connected to a data acquisition system to collect and record the flow rate reading. By
comparing the readings of the three flow meters, it was found that the flow rate readings
were consistent with each other at a high flow rate, while there was a considerable deviation
between them at the low flow rate, especially for the second flow meter. However, the low
flow rate was only associated with low pressure, i.e. below 0.6 MPa, which was avoided
in this study. By taking the accuracy, stability, and repeatability into consideration, flow
meter one was the best one among other flow meters used in this study.
4.2.2 Pressure Measurement
A pressure transducer from Omega engineering was selected to measure the
pressure of the refrigerant inside the system. Pressure transducers were installed before and
after each of the main system components. Also, one pressure transducer was installed
upstream of the spray chamber, and another one on the chamber to measure the saturation
pressure of the spray chamber. The pressure outlet signal was current, and the data were
collected and recorded using the data acquisition system. The reading accuracy of the
pressure transducer was ± 0.25 %, as reported by the company.
4.2.3 Temperature Measurement
Several thermocouples were used to measure the temperature of the refrigerant at
the inlet and the outlet of each component of the system. The thermocouple is a K-type
from Omega Eng. with an accuracy of ± 0.4% based on the company report. The
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thermocouples were tested by using a pre-measured chiller water bath, and the results
complemented the company's claim.
4.3 Spray Cooling System
Figure 4.5 shows a CAD drawing of the spray cooling test section. The spray
cooling system consists of a spray nozzle, heating element, and the chamber. Because the
spray cooling system was connected to the refrigeration system, the compressor and the
condenser of the refrigeration system can be considered as a part of the spray cooling
system. What makes the proposed system unique is that the dual use of the system
components allows for the facility to operate in three modes: refrigeration only, spray
cooling only, or for both systems. The spray cooling is integrated into the refrigeration
system through one inlet and two outlets: one outlet for liquid located at the bottom of the
chamber, and the other for vapor located at the top of the chamber. The spray inlet was
connected to the liquid line while the liquid outlet was connected to the evaporator inlet in
the refrigeration system. The vapor outlet was linked to the compressor inlet.

Figure 4.5 A cross section of the 3D CAD drawn spray cooling unit.
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4.3.1 Spray Nozzle
The spray nozzle used in this study was a commercial full cone nozzle from the
Spraying Systems company. The throat diameter was 0.56 mm and the maximum
volumetric flow rate was 0.5 gallon per minute. The nozzle was installed in a vertical
position on a movable tube to facilitate the adjustment of the perpendicular distance
between the nozzle and the target surface. The distance between the nozzle throat and the
target surface was measured using a micrometer. The inlet of the nozzle was the inlet of
the spray chamber, and it was connected to the liquid line in the refrigeration system
through a flexible hose.
4.3.2 Spray Chamber
The spray chamber, shown in Figure 4.5, was designed to match the requirements
of the experimental study. Therefore, the chamber body was fabricated using stainless steel
to handle the operating pressure of the system. The chamber was 152.4 mm in diameter
and 304.8 mm in length. Two square windows with 127 mm sides were attached to the
chamber body to have a clear view of the spray process. The chamber also had two outlets,
one from the top of the chamber for the vapor, and the other from the bottom of the chamber
for the liquid. A pressure transducer and thermocouple were also attached to the chamber
to measure the saturation pressure and temperature of the refrigerant inside the chamber.
4.3.3 Heating Element
Figure 4.6 illustrates the internal construction of the heating element. The heating
element contained the core (fabricated from free oxygen copper block), Teflon insulation,
fiberglass insulation, a rubber gas gate, and a stainless-steel external shell. The insulation
covered the copper block from all sides except the top, the target surface, which was
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exposed to the spray inside the chamber. The target surface diameter was 15 mm, and the
length of the copper block was 140 mm. The Teflon insulation served as a cover and
insulation to the top side of the heating element, and the fiberglass insulation served to fill
the gap between the copper block and the external shell. The copper block was heated by
one cartridge heater with a capacity of 1000 W, which was inserted into a hole extended
from the bottom to the middle of the copper block. The heater was AC powered and
controlled by a power supply. The temperature gradient in the copper block was measured
by two rows of thermocouples embedded in holes near the top side, the target surface, of
the copper block. Four thermocouples were positioned in each row, horizontally with a 90o
angle between the thermocouples in the same row. The distance between the two rows of
thermocouples was 4 mm, and the distance between the surface and the nearest row was 3
mm. The thermocouple hole diameter and length inside the copper block were 0.5 mm and
7 mm, respectively. The gradient temperature was calculated by taking the average of the
two sets of thermocouples. Additional details about the temperature and heat transfer
calculation will be discussed in the data analysis section. Also, thermal grease was used
between the thermocouple and the copper to ensure complete contact between them. The
rubber gas gate was used to seal the heating element and to prevent leaking of the
refrigerant into the inside of the heating element. The stainless-steel shell was used to cover
and sustain the contents of the heating element and to prevent any leak from the inside of
the chamber to the inside of the heating element.

41

Figure 4.6 A CAD section shows the internal construction of the heating element with the
dimensions of the copper block.
4.4 Data Acquisition System
The pressure, temperature, and flow rate measurements of the experimental setup
were recorded using a data acquisition system (DAQ) and Lab-View application from
National Instruments. The pressure transducers, thermocouples, and the flow meter were
connected to the Lab-View program through the DAQ system. All measurements were
taken instantaneously and saved into an Excel file. A block diagram was built in Lab-View
to monitor and record the data provided by the measurement equipment.

Figure 4.7 (a)

and (b) show the control window of pressure and temperature that have been used to
monitor the system data. The block diagram that was built in Lab-view software to collect
the data from the measuring equipment is shown in Figure 4.8. The pressure was measured
in PSI and then converted into MPa, the temperature measured in oC, and then converted
into K, and the flow rate is measured in L/min (LPM).
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(a)

(b)

Figure 4.7 (a) Temperature and (b) Pressure readings control panels in the Lab-View.

Figure 4.8 The block diagram of the Lab-View program
4.5 System Test and Calibration
After designing and building the experimental setup, several tests were performed
to assess the readings of the system measurements.
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4.5.1 Thermocouples Calibration
The thermocouples used in this system were K-type, model 5TC-TT-K-20-36, with
a 0.13 mm tip diameter purchased from Omega engineering. Although the thermocouples
were already calibrated by the manufacturer, an in-house calibration test was performed
using a chiller. All the thermocouples were immersed in the water bath of the chiller, and
readings were recorded at several degrees of temperature. It was found the deviation in the
readings matched the calibration factor provided by the company, which was 0.04%. Figure
4.9 shows the trend of the thermocouples during the calibration test.

Figure 4.9 The calibration data of the thermocouples.
4.5.2 Pressure Transducers Reading
Pressure transducers, model Px319 with current output, used in this study, were
purchased from Omega engineering company with a reported reading error of 0.25%. The
pressure transducer readings were evaluated in two ways. First, the readings of two
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pressure transducers on the same line were compared. For instance, there were two pressure
transducers installed, before and after the condenser unit. The readings from these pressure
transducers were consistent, except for some deviation due to pressure loss in a connecting
pipe. The same observation was applied to the pressure readings of the pressure gages
before and after the evaporator. The second method was using a manifold gauge to check
the high and low pressure of the system, and the reading was matched with a small variation
due to the reading error from the analog readings of the manifold gauge.
4.5.3 Flow Meter readings
It was challenging to calibrate and check the flow meter readings. The system is
working under pressure, and there is no approach to collect the working fluid outside the
system. Besides, all refrigerants used in this study are in the superheated phase under
atmospheric pressure. Therefore, two electrical flow meters, in addition to a rotameter,
were used to measure, check, and compare the readings of the system. The first electrical
flow meter was a positive displacement flow meter, model FPD2001, with flow range
between 0.01 and 3 LPM with a 0.5% reading error. The second flow meter was a turbine
flow meter, model FLR1012ST, with flow range between 0.4 and 5 LPM with a 1% reading
error for a high flow rate. The readings of the two flow meters were matched only at a high
flow rate with a deviation of about 12%, and the reading of the flow meters was confirmed
with the rotameter reading. The second flow meter readings had a high fluctuation at a low
flow rate and the same was observed for the rotameter because of the density changes.
Therefore, the reading of the first flow meter, FPD2001, was adopted in this research.
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4.6 System Validation
Unfortunately, there are no standard values that can be used to validate the outcome
of the system used in this study. The only thing that can be provided as proof of system
validation is comparing the system performance with other literature data using the same
operating conditions. Accordingly, the system performance was compared with the results
extracted from the experimental investigation by Shuangtao Chen and coworkers [37]. The
operation conditions were 0.7 MPa of nozzle inlet pressure and 0.3 MPa chamber pressure.
The nozzle and nozzle to surface distance was consistent between the previous work and
the present study. It was found that the two experiments deviated by about 10%, as shown
in Figure 4.10 below.

Figure 4.10 System performance comparison with the previous work by Shuangtao Chen
and coworkers [37]
4.7 System Loop
When the loop is turned on, low pressure and temperature vapor from the
refrigerant R450a enters the compressor, undergoes a compression process that elevates
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the pressure and temperature. The high pressure/temperature vapor then enters the
condenser where it undergoes a phase change (vapor to liquid) by losing heat to the cooling
medium (water). The condensation pressure remains constant during the condensation
process, but some pressure drop occurs due to friction inside the pipe. The refrigerant exits
from the condenser as a saturated liquid then flows to the suction line heat exchanger,
where it rejects some heat to ensure that there is no vapor is left. The heat exchanger also
exchanges heat with the suction line of the compressor. The use of the heat exchanger has
two benefits; to ensure that the refrigerant becomes entirely liquid and, to make sure that
the suction line is completely vapored before it enters the compressor. Then, the liquid
refrigerant flows through the spray nozzle to the spray chamber. The nozzle breaks up the
liquid refrigerant into very fine droplets inside the spray chamber. Consequently, there is a
pressure drop between the nozzle inlet pressure and the spray chamber due to the expansion
process through the nozzle. Once the refrigerant strikes the heating surface, some of the
droplets either evaporate due to the heat exchange or splash and the remaining refrigerant
form a liquid film over the surface. Due to the continuous flow of the working fluid over
the surface, some liquid accumulates at the bottom of the spray chamber. Both the
accumulated liquid and the generated vapor inside the chamber flow back to the
refrigeration system. Note that the evaporator pressure was maintained lower than the
chamber pressure while the nozzle inlet pressure was lower than the condenser pressure.
Thus, there were four different pressures inside the experimental system. As mentioned
before, the nozzle inlet and chamber pressures were controlled by control valves c, d and
e, shown in Figure 4.1.
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4.8 Experimental Procedure
In the beginning, the distance between the nozzle and the target surface was fixed
at 21 mm. At this distance, it was observed that the spray cone covered the entire target
surface. For each set of experiments, the following procedures were followed:
1. First, the refrigeration system was turned on, and the refrigerant was circulated
through the closed-loop of the refrigeration system until a steady state was
achieved.
2. Then, the spray system was connected to the refrigeration system by opening valve
c and e and closing valve d, as shown in Figure 4.1.
3. The nozzle inlet and chamber pressures were regulated by valve c and e,
respectively, until the desired nozzle inlet, and chamber pressures were achieved.
The chamber pressure was regulated by changing the compressor speed when
needed. Furthermore, a bypass line with a needle valve f was added to the
refrigeration system to control the system flow rate, if needed.
4. After setting the required pressures, the power supply was turned on. By changing
the inlet voltage, the inlet power could be adjusted to provide power to the heating
element. For each power step, the voltage was increased by 10 volts.
5. After reaching a steady-state, which was usually attained within 25 to 30 min of the
initial heat supply, the data acquisition system was turned on. The data was
collected for about 30 min and saved in an Excel file. The steady-state was reached
when the temperature readings became steady.
6. Steps 4 and 5 were repeated until the critical heat flux was reached. After reaching
the CHF, the power supply was turned off immediately, and the system was allowed
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to continue running until the surface temperature dropped. Then, the refrigeration
system was turned off by shutting down the compressor.
4.9 Refrigerant Selection
According to the Montreal Protocol [26], Refrigerants like HCFC and CFC are
among the list of harmful substances that have been scheduled to be phased out. The ODP
value has been set as 1 for refrigerants R11, and R12, a maximum potential ODP in
refrigerants. As a result, within the last two decades, refrigerants R11, R12, and others
from the CFC family have either been phased out entirely or banned from the market, while
refrigerants like HCFC-22, R22, are scheduled to be phased out within the next few years.
Global warming and climate change are serious and growing threats that have taken the
spotlight within the last four decades. Some refrigerants like CFC, HCFC, and HFC have
a significantly high value of GWP [22]. For environmental considerations, ODP and GWP
values must be taken into consideration when selecting a refrigerant for current and future
studies. As mentioned previously, studies have been performed on spray cooling
evaluations using several kinds of refrigerants. Some of these refrigerants have harmful
properties such as high ODP, high GWP, toxicity, corrosivity, and flammability, which
makes their use unsafe for spray cooling applications. In addition to the ODP and GWP
constraints, safety, toxicity, corrosivity, chemical stability, thermal properties, and
application suitability are also important factors that must be taken into account when
selecting working fluid. In this study, three refrigerants were studied as a working fluid in
spray cooling; R134a, R450a, and R513a. Refrigerant R134a is a common refrigerant for
an automobile air conditioning system and refrigerators and water coolers. R134a has
replaced the ozone harmful refrigerant R12, which was one of the first refrigerants banned
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according to the Montreal Protocol [26]. The experimental setup used in this study was
first charged and tested with R134a. The other two refrigerants R450a and R513a were
selected to be a replacement of refrigerant R134a because their thermal properties are
similar to R134a. Refrigerant R450a is a zeotropic blend mixture of R134a (42% ) and
R1234ze (58%), while R513a is an azeotropic mixture of R134a (44%) and R1134yf
(56%). Both refrigerants R450a and R513a have an ODP = 0 and low GWP. In addition,
they are dielectric, nontoxic, nonflammable, and non-corrosive. Table 4-1 provides a
comparison between several refrigerants and the working fluid used in spray
cooling [38] [39][40][41].
Table 4-1 Thermal and electrical properties of some refrigerants used in spray cooling.
..
Fluid
Property
ODP
GWP
Flammability
Toxicity
ASHRAE Safety Code
Critical Temperature
(oC)
Critical Pressure
(MPa)
Temperature at
Atmospheric
Pressure(oC)
State at Atmospheric
Pressure(oC)

R134a

R450a

R513a

R1234yf

R600a

FC-72

0

0

0

0

0

0

1430
Non
Non
A1

547
Non
Non
A1

573
Non
Non
A1

4
Yes
Non
A2

20
Yes
Non
A3

9000
Non
Non

101.06

104.4

94.91

94.7

134.6

221

4.05

3.82

3.64

3.38

3.62

1.83

-26.074

-23.7

-29.68

-29.45

-11.57

56

Gas

Gas

Gas

Gas

Gas

Liquid

Electrical Conductivity DieElec. DieElec. DieElec. DieElec. DieElec. DieElec.
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4.10 Data Reduction
The one-dimensional heat transfer analysis (Eq. 4.1) [42][43], or what is the socalled Fourier law of conduction heat transfer, has been applied to calculate the heat flux
of the heating surface. Since the heating element was completely insulated from all sides
except the target surface at the top, equation 4.1 is valid.
𝑞 ′′ = 𝜆
Where ΔTw

(1-2)

𝛥𝑇𝑤(1−2)
𝛥𝑥2

(4.11)

is the temperature difference between the average measured

temperature of the two sets of thermocouples that are embedded underneath the target
surface. The heating surface temperature Ts was calculated using the following equation,
Eq. 4.12 [44].
𝑇𝑠 = 𝑇𝑤1 −

𝑞 ′′ . ∆𝑥1
𝜆

(4.12)

The heat transfer coefficient was calculated using Newton’s law of convective heat
transfer, as shown in the following expression, Eq. 4.13.

ℎ=

𝑞 ′′
𝛥𝑇𝑠𝑎𝑡

(4.13)

Where ΔTsat is the temperature difference between surface temperature Tw and the
saturation temperature, the wall temperature was extrapolated from the heat flux calculated
in Eq. (4.1) and the measured temperature of the thermocouples near the surface. Also, the
saturation temperature Ts was estimated from the chamber pressure.
The Weber number, Reynolds number, and Sauter mean diameter were calculated
using the following equations, respectively [10].
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2∆𝑃
𝜌 𝑔 ( 𝜌 ) 𝑑𝑜
𝑓
=
𝜎

(4.14)

2∆𝑃 1/2
𝜌 𝑓 ( 𝜌 ) 𝑑𝑜
𝑓
=
𝜇𝑓

(4.15)

𝑊𝑒𝑑𝑜

𝑅𝑒𝑑𝑜

−0.259
𝑑32
1/2
= 3.67(𝑊𝑒𝑑𝑜 𝑅𝑒𝑑𝑜 )
𝑑𝑜

(4.16)

4.11 Uncertainty Analysis
The uncertainty of the heat flux, surface temperature, and heat transfer coefficient
was calculated based on the expression shown in Eq. 4.17 [45].
2

𝑁

𝜕𝑅
𝛿𝑅 = √(∑
𝛿𝑋𝑖 )
𝜕𝑋𝑖

(4.17)

𝑖=1

By applying equations 4.17 on equations 4.11 and 4.12 on 4.13 the uncertainty of
the heat flux, surface temperature, and heat transfer coefficient can be calculated from the
equations respectively [46][47].

𝛿𝑞 ′′ = √((−

2
2
2
𝜆 ∆𝑇
∆𝑇
𝜆
)
(
)
(
)
𝛿
+
𝛿
+
𝛿
)
∆𝑋 2 𝑋
∆𝑋 𝜆
∆𝑋 ∆𝑇

𝛿𝑇𝑠 = √((𝛿∆𝑇 )2 + (−

2
2
2
𝑞 ′′ . ∆𝑥1
∆𝑥1
𝑞 ′′
)
(−
)
(−
)
𝛿
+
𝛿
+
𝛿
)
𝜆
𝜆2
𝜆 𝑞
𝜆 ∆𝑥

(4.18)

(4.19)

2

𝑞 ′′
𝛿𝑞 ′′ 2
√((
𝛿ℎ =
2 𝛿∆𝑇𝑠𝑎𝑡 ) + (∆𝑇 ) )
∆𝑇𝑠𝑎𝑡
𝑠𝑎𝑡

(4.20)

The uncertainty values of the thermocouples, pressure transducer and the flow
meter were taken from the datasheet of the manufacturer. All the thermocouples, pressure
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transducers, and flow meter were bought from Omega engineering. A K-type thermocouple
was utilized in this experiment with ± 0.4% uncertainty in the reading. The uncertainties
of the pressure transducer and the flow meter were ± 0.25% and ± 0.5%, respectively. The
error of the distance measurement between thermocouples was ± 0.1% a result of several
measurements for the same distance. According to equations 4.18, 4.19, and 4.20, the error
of the heat flux, surface temperature, and the heat transfer coefficient were 1%, 1.4%, and
3.4%, respectively.
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5

CHAPTER FIVE

RESULTS AND DISCUSSION
In this chapter, the performance of the three selected refrigerants R134a, R450a,
and R513a are illustrated and discussed. The performance of the working fluids was
evaluated under several operating parameters such as the nozzle to surface distance, nozzle
inlet pressure, spray chamber pressure, saturation temperature, nozzle inlet sub-cooling
degree, and volumetric flow rate. Not all the listed parameters were tested for all
refrigerants. And there were some parameters performed only on one refrigerant because
their effects were reported in the previous studies, especially for R134a. For instance, the
surface to nozzle distance was only tested on R134a, and the effect of the sub-cooling
degree was performed only on R513a. The effect of the nozzle inlet pressure and chamber
pressure were performed on all the tested fluids. Also, the performance of the modified
spray-refrigeration system will be discussed and evaluated during this chapter.
The performance is discussed in terms of heat flux, heat transfer coefficient, critical
heat flux, and coefficient of performance. Also, a comparison between the performance of
the three refrigerants during spray cooling will be discussed.
5.1 Performance of Refrigerant R134a During Spray Cooling
The performance of refrigerant R134a serving as the working fluid in a spray
cooling combined in a refrigeration system was experimentally investigated [47]. Three
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nozzle-to- surface distance 5, 10, 15, and 23 mm and two nozzle inlet pressure 0.7 and 0.8
MPa were selected to be the study parameters. The volumetric flow rate was allowed to
change correspondingly with the change of the inlet pressure and the chamber pressure.
The sub-cooling temperature was about 13 K± 0.5. For example, the volumetric flow rate
was 2.6E-6 m3·s-1 (0.04203 gals/min) when the inlet pressure was 0.7 MPa, and the
chamber pressure was 0.4 MPa. Meanwhile, for the same chamber pressure, the volumetric
flow rate was 3.2E-6 m3·s-1 (0.0507 gals/min) when the nozzle inlet pressure was 0.8 MPa.
Three parameters were tested for R134a namely, the surface-to-nozzle distance, nozzle
inlet pressure, and chamber pressure. The influence of these three parameters on the heat
flux, HTC, and CHF was analyzed. Table 5.1 contains the spray characteristics observed
at the operational conditions of this work.
Table 5-1 R134a spray characteristics at the operational conditions of the experimental
work performed in the study.
Inlet

Chamber

pressure

Pressure

(MPa)

(MPa)

0.7

0.8

0.3
0.4
0.5
0.3
0.4
0.5

Droplet

d32

Redo

(m)
5.22E-05
5.21E-05
5.43E-05
4.93E-05
4.83E-05
4.89E-05

Wedo

velocity
(m.s-1)

68147.53
64807.57
57058.38
76191.25
74833.33
69881.96

451.69
509.26
473.94
564.62
679.01
710.90

24.87
21.78
17.95
27.81
25.15
21.98

5.1.1 Nozzle to Surface Distance
5.1.1.1 Heat Flux and Critical Heat Flux
Figure 5.1 (a) and (b) show the boiling curves of R134a under different nozzle-tosurface distance and different nozzle inlet pressures with the chamber pressure held
constant during the experiment. Four nozzle-to-surface distances 5, 10, 15, and 23 mm
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were investigated. The distance was measured perpendicular from the nozzle throat to the
center of the target surface. The 23 mm distance represents the value at which the spray
cone covers the whole targeted area, and it was estimated based on the nozzle
characteristics given by the manufacturing company. Two behaviors were observed in this
test. On the one hand, the nozzle-to-surface distance had no significant impact on thermal
performance when the liquid spray dominated the impacted surface. In fact, the heat
transfer rate reduced as the nozzle-to-surface distance increased. Figure 5.2 illustrates a
close look at this behavior in the single-phase regime. A similar observation was reported
by other researchers who worked on the single-phase regime [48][49].
On the other hand, in the two-phase regime, the overall heat flux and CHF were
significantly enhanced as the distance between the nozzle and the surface increased. In the
two-phase regime, the heat transfer area plays an essential role in heat transfer
performance. Therefore, an increase in the impacted area by compounding distance
between the nozzle and the surface increased the amount of heat removing effect. The
impacted area can be identified as the area covered by the spray cone and directly impacted
by the spray droplet, and it has a direct influence on the volumetric flux. The volumetric
flux is defined as the total volumetric flow rate of the liquid divided by the impacted area
[50]. In addition, as the impacted area of the spray cone increases, the volumetric flux
decreases [22]. Meanwhile, the expanse of the impacted area speeds up the cooling process
by extending the wetted area resulting in the fluid flow over the surface. Hence, the fluid
evaporation, nucleation sites, and secondary nucleation areas will overgrow until reaching
the CHF, where the whole targeted area will dry out, and the temperature of the surface
rises fiercely. The optimum nozzle-to-surface distance was found to be the distance at
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which the heater surface is totally covered by the spray, and that happened when the
distance was 23 mm. The maximum CHF of 157.3 W·cm-2 was achieved when the nozzleto-surface distance was 23 mm.
(a)

(b)

Figure 5.1 (a) & (b) present the boiling curves of R134a under the different nozzle-tosurface distance with a nozzle inlet pressure of 0.7 and 0.8 MPa respectively.
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Figure 5.2 The effect of the nozzle-to-surface distance in the single-phase regime.
5.1.1.2 Heat Transfer Coefficient (HTC):
Similarly, the nozzle-to-surface distance has a significant effect on the heat transfer
coefficient. Figure 5.3 (a) and (b) illustrate the variation of the HTC with heat flux under
several nozzle-to-surface distances while holding the inlet and chamber pressure constant.
Therefore, the distance between the nozzle and the surface had no significant effect on the
heat transfer coefficient in the single-phase region because the dominating single-phase
heat transfer mode, the convective mode, does not depend on the coverage area. However,
once the heat flux and the surface temperature exceeded the threshold of the working fluid
saturation limit, the heat transfer coefficient started to increase remarkably due to the phase
change and the influence of the nucleate boiling and direct evaporation modes over other
heat transfer mechanisms. In the two-phase region, it is evident that the heat transfer
coefficient was higher for large nozzle-to-surface distance due to the increase of the
impacted area. This would increase the chances of forming new nucleation sites over the
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target surface. Consequently, as the number of nucleation sites increases, the bubble
generation will increase and enhance the heat transfer coefficient. However, increasing the
surface temperature will elevate the evaporation rate to a point where dry sites start to form
over the heater surface, and, as a result, the heat transfer coefficient will decrease
drastically. The maximum heat transfer coefficient recorded in this study was at the twophase regime. The maximum heat transfer coefficient was 46.54 kW·m-2·K-1 when the
nozzle inlet pressure was 0.8 MPa, and the nozzle-to-surface distance was 23 mm.
(a)
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(b)

Figure 5.3 (a) & (b) The effect of the nozzle to surface distance on the heat transfer
coefficient for nozzle inlet pressure of 0.7 & 0.8 MPa respectively.
Effect of Nozzle Inlet Pressure
5.1.1.3 Heat Transfer Performance
Three inlet pressures, 0.7, 0.8, and 0.9 MPa were investigated to study the effect of
the nozzle inlet pressure on the heat transfer performance of R134a during the spray
cooling experiment while holding the chamber pressure at a constant value. Increasing the
nozzle inlet pressure while maintaining the chamber pressure constant may increase the
volumetric flow rate and change the spray characteristics delivered from the nozzle as
illustrated in Table 5-1.
Figure 5.3 depicts the thermal performance of R134a during spray cooling under
the constant chamber pressure of 0.5 MPa and variable nozzle inlet pressures. The boiling
curve follows a similar trend under each nozzle inlet pressure, whereby the heat flux
increases as the superheat degree increases until reaching the critical heat flux. It is
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noteworthy to mention here that the nozzle inlet sub-cooling temperature was kept constant
at 23.2 ±1 °C. As can be noticed from figure 5.4, the heat transfer is almost the same under
the three-nozzle inlet pressures at the beginning of the cooling process. It implies that the
nozzle inlet pressure had a slight impact in the single-phase region where the convection
heat transfer was the dominating mechanism. The effect of the nozzle inlet pressure became
evident as the superheat degree increased. In other words, increasing the volumetric flow
rate, Weber number, droplet velocity, and reducing the droplet diameter are influential
parameters in the two-phase region. In the two-phase region, nucleate boiling is the
overriding heat transfer mechanism, whereby, nucleate sites start to form over the target
surface. Increasing the volumetric flow rate will help to enhance the liquid flow over the
surface and elevating the departure rate of the vapor bubbles from the nucleate sites. In
addition, a smaller diameter of the droplet combined with high momentum will allow the
droplet to pass through the liquid film and eventually strike growing vapor bubbles at the
nucleate site over the surface. Thus, the continuous flow of the high-speed small diameter
droplets will increase the chance of creating secondary nucleation sites inside the liquid
film. Also, the high momentum energy of the spray droplets will enhance the disturbance
of the liquid film over the target surface, which will reflect positively on the heat transfer
performance. Upon increasing the superheat degree, the heat flux will reach the critical
heat flux region. As can be indicated from the Figure, high nozzle inlet pressure obtained
higher thermal performance and higher CHF. The maximum CHF reached for R134a under
nozzle inlet pressure of 0.9 MPa and chamber pressure of 0.5 MPa is 148.11 (W.cm-2).
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5.1.1.4 The heat transfer coefficient.
Based on the heat transfer coefficient definition expressed in Eq. (4.13), three
parameters: heat flux, wall temperature, and the surface area would affect the value of the
HTC. Figure 5.4 shows the variation of the HTC with the heat flux under three nozzle inlet
pressure, 0.7, 0.8, and 0.9 MPa and constant chamber pressure. As stated previously, upon
the change of the nozzle inlet pressure the volumetric flow rate will increase, which would
enhance the heat transfer rate. As expected, the HTC is enhancing as the heat flux increases,
however, as the cooling process becomes closer to the critical heat flux area, the HTC
reduces reduced drastically. The main reason for that sudden change may be the change in
the heat transfer area. Although the physical area of the target surface was constant, the
actual heat transfer area may have varied as the heat flux reached closer to the CHF region.
Upon the surface temperature increase, more areas of the surface will dry out until the
system reaches the critical heat flux where the whole surface area becomes practically dry.
It can be concluded from the results that the enhancement in the HTC can be related to the
enhancement of the evaporation process due to the increase in the flow rate and the
decrease of the droplet size. Thus, increasing the inlet pressure will enhance the automation
process, reduce the droplet size, and increase the droplet momentum. The combination of
this factor may have helped in the overall enhancement of HTC. The maximum HTC
achieved for R134a was 37.51 kW·m-2·K-1 under the nozzle inlet pressure of 0.9 MPa and
chamber pressure of 0.5 MPa.
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Figure 5.3 The effect of the nozzle inlet pressure on heat flux and CHF of R134a during
spray cooling.

Figure 5.4 The effect of the nozzle inlet pressure on the HTC of R134a during spray cooling
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5.2 Performance of R450a During Spray Cooling
A set of experiments was designed to investigate the influence of the nozzle inlet
pressure and chamber pressure on the performance of R450a during spray cooling. The
study included the effect of these parameters on the heat transfer performance, heat transfer
coefficient, CHF, and surface temperature. The distance between the nozzle and the target
surface was kept fixed at 23 mm. Table 5-2 contains the spray characteristics for R450a
under several nozzle inlet pressures and chamber pressures. Based on the nozzle inlet
pressure, chamber pressure, and degree of sub-cooling temperature, the refrigerant
volumetric flow rate was varied from 2.88×10-6 to 3.68×10-6 m3·s-1. The sub-cooling
temperature of the liquid refrigerant before entering the spray chamber was maintained at
13 K ±0.5 for the presented results in this section.
Table 5-2 The operation conditions performed in the study.
Inlet

Chamber

pressure

Pressure

[MPa]

[MPa]

0.7

0.8

0.9
1

0.3
0.4
0.5
0.3
0.4
0.5
0.3
0.4
0.5
0.5

d32
[m]
5.09E-05
5.07E-05
5.28E-05
4.8E-05
4.7E-05
4.75E-05
4.58E-05
4.44E-05
4.41E-05
4.16E-05

Droplet
Redo

Wedo

velocity
[m.s-1]

71638.31
68400.21
60434.87
80094.07
78981.76
74017.30
87738.65
88304.30
85467.81
95555.92
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494.10
560.29
524.43
617.63
747.05
786.64
741.15
933.81
1048.86
1311.08

25.32
22.18
18.28
28.31
25.61
22.39
31.02
28.63
25.86
28.91

5.2.1 Influence of the Nozzle Inlet Pressure
Figure 5.5 (a)-(c) illustrates the variation of the heat flux with the temperature
difference between the wall temperature and saturation temperature of R450a under several
nozzle inlet pressures. The refrigerant flow rate was maintained between 2.88×10-6 and
3.68×10-6 m3·s-1 and varied with the nozzle inlet and chamber pressures. In most cases,
increasing the flow rate would enhance the heat removal rate from the surface by increasing
the amount of liquid moving over the surface. This behavior had been observed in many
studies in the literature. Also, for the same chamber pressure, raising the nozzle inlet
pressure resulted in the Reynold number, Weber number, and droplet velocity to increase,
as shown in Table 5.1. This may have also increased the turbulence on the surface,
accelerating the surface heat removal. In this study, it was found that when the nozzle inlet
pressure reached 0.9 MPa, the thermal performance of the spray cooling reduced
drastically. As can be seen in Figure 5.5 (a-c), the obtained heat transfer performance of
spray cooling under a nozzle inlet pressure of 0.9 MPa was lower than that under the inlet
pressures of 0.7 and 0.8 MPa. Afterward, increasing the volumetric flow rate while the
nozzle inlet pressure was raised to 1 MPa did not improve the heat transfer performance as
depicted in Figure 5.5. The first impression of this behavior is that increasing the
volumetric flow rate will increase the liquid film thickness over the target surface, which
would increase the thermal resistance. However, it is evident from previous work [18], that
increasing the volumetric flow rate may enhance the heat transfer performance. Similar
outcomes have been found by other researchers [20][51]. Those investigations observed
that increasing the volumetric flow rate decreased the heat transfer rate at a certain point.
In addition, it was found that there is another factor involved in the process, which is the
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degree of sub-cooling. Whereby, performing the experiments under constant sub-cooling
temperature would support the first claim. However, increasing the volumetric flow rate
without controlling the sub-cooling degree would support the outcome of the second group
and the presented results. The presented results were performed under constant sub-cooling
temperature difference of 13 K±0.5, which means that the coolant was sub-cooled by about
13 K beyond the corresponding saturation temperature. As a result, the sub-cooling
temperature was maintained at different values for each nozzle inlet pressure based on the
corresponding saturation temperature. The degree of sub-cooling will have a direct effect
on the amount of the liquid reaching the target surface. Whereby, during the expansion
process, a portion of the refrigerant stream will evaporate because the expansion will take
place inside the two-phase region. Thus, the actual volumetric flow rate will vary based on
the degree of sub-cooling and the nozzle inlet pressure if the chamber pressure is kept
constant. As the result, the best performance will be a result of the optimal combination
between the sub-cooling degree and the volumetric flow rate, which was evident at a nozzle
inlet pressure of 0.8 MPa. The maximum CHF achieved in this study was 154.5 W·cm-2 at
the inlet pressure of 0.8 MPa and the chamber pressure of 0.5 MPa. Furthermore, the effect
of the inlet pressure on the heat transfer coefficient was also investigated as shown in
Figure 5.6 (a)-(c). The increase of the fluid film thickness over the surface reduced the heat
removal rate and enabled the single-phase mode to dominate during the heat transfer
process, which resulted in a decline in the heat transfer coefficient. In addition, the heat
transfer coefficient also had an optimum value as a function of the heat flux, where the heat
transfer coefficient increased as the heat flux increased. At a certain point, it started to
decline as the heat flux became close to the CHF. In addition, the downgrade in the heat
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transfer coefficient as the heat flux reached closer to the CHF was observed because of the
increase in the dry out area over the heated surface. The dry out area was covered by a
vapor layer that had a very low thermal conductivity. This may have worked as an insulator,
leading to a massive jump in the surface temperature and a decline in the heat transfer
coefficient.
(a)

.
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(b)

(b)
(c)

Figure 5.5 The variation of the heat flux with the temperature difference between wall
temperature and the saturation temperature of R450a under several nozzle inlet
pressures where (a) 0.3, (b) 0.3, and (c) 0.5 MPa.
68

(a)

(b)
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(c)

Figure 5.6 The variation of the HTC of R450a under several chamber and nozzle inlet
pressures where (a) 0.3, (b) 0.3, and (c) 0.5 MPa.
5.2.2 Influence of the Chamber Pressure
The spray chamber was designed to work at an intermediate pressure range
between the original evaporator and condenser of the refrigeration system. Therefore, three
intermediate chamber pressure 0.3, 0.4, and 0.5 MPa were selected to study the effect of
the spray chamber on the thermal performance of spray cooling. The saturation
temperatures corresponded with the following chamber pressures: 4.4, 12.8, and 19.8 °C.
Furthermore, the selected saturation temperatures of the spray chamber were within a
suitable range for both electronic and electrical applications. The thermodynamic
properties of the working fluids were calculated using the NIST software [31]. Figure 5.7
presents the variation of the heat flux with the superheat temperature difference ΔTsat
under several spray chamber pressures. For a fixed nozzle inlet pressure of 0.8 MPa, the
overall thermal performance of the spray cooling was improved as the chamber pressure

70

increased. As shown in Figure 5.7, at the beginning of the curve, which represents the
single-phase region in the cooling process, the change in the chamber pressure had a slight
effect on the heat removal rate. Once the nucleate boiling and phase change took place, the
change in the spray chamber became more active. It was determined that the chamber
pressure 0.5 MPa had better performance than the other chamber pressures of 0.3 and 0.4
MPa. The heat removal rate was enhanced due to the improvements in the bubble growth
rate within the nucleate boiling sites over the surface. The bubble growth rate and bubble
departure diameter are directly proportioned to the evaporation pressure and temperature.
According to Malenkov et al. [52], the evaporation pressure and the surface tension are the
most influential parameters that play significant roles in the growth rate and the departure
diameter of the vapor bubbles. The surface tension decreased as the chamber pressure
increased leading to a reduction in the force applied on the bubble surface and, as a result,
an enhancement of the departure rate. The results in this section agree with the observation
of Mcgillis et al. [53]. They found that at a low evaporation pressure, the vapor bubble
diameter that formed on the heated surface was relatively high, compared to the bubble
diameter at a higher pressure. The collapse of the giant bubble leaves a large gap on the
surface and a cooled liquid adjacent to the super-heated site. However, this quickly mixes
with the remaining superheated liquid over the nucleate site due to the density difference.
As a result, the waiting time of reheating the liquid to the superheated state will increase,
which will delay the formation of new vapor bubbles. Figure 5.8 displays the heat transfer
coefficient as a function of the heat flux. For the same nozzle inlet pressure of 0.8 MPa,
the heat transfer coefficient was improved as the chamber pressure or evaporation pressure
was elevated. The maximum heat transfer coefficient achieved was 46.45 W·cm-2·K-1 at a
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chamber pressure of 0.5 MPa and an inlet pressure of 0.8 MPa. The heat transfer coefficient
is a function of the heat flux. And as has been discussed previously, the heat flux increases
as the chamber pressure increases due to the improvement in the vapor bubble growth,
improvement in the departure rates, and the reduction of the bubble diameter. At fixed inlet
and chamber pressures, the heat transfer coefficient started declining as the heat flux gets
closer to the CHF due to the increase in the dry out area and surface temperature.
It can be seen from the figure that the surface temperature increased along with the
increase of chamber pressure due to the dependence of the saturation temperature of the
liquid on the chamber pressure.

Figure 5.7 The variation of the heat flux with the superheat temperature difference under
several spray chamber pressures and constant inlet pressure.
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Figure 5.8 The variation of HTC of R450a under several chamber pressures and a constant
nozzle inlet pressure.

Figure 5.9 The surface temperature as a function of the heat flux at the inlet pressure of 0.8
MPa and different chamber pressures.
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5.3 Performance of R513a During Spray Cooling
In this section, the performance of R513a will be illustrated and discussed. Several
tests were carried out, similar to R450a, under different operating conditions such as
varying the nozzle inlet pressure, spray chamber pressure, nozzle inlet sub-cooling degree,
and the volumetric flow rate to evaluate the performance of the working fluid during spray
cooling and the refrigeration system. In addition, further tests were conducted to clarify the
effect of the nozzle inlet sub-cooling degree on the overall performance of spray cooling.
Also, the coefficient of performance of R513a for the combined spray-refrigeration system
was estimated under several conditions and compared with the performance of the standard
system. Some of the essential thermal and physical properties of R513a are listed in .
Moreover, the visualization of the spray behavior of this refrigerant under several
conditions will be discussed in this section.
Table 5-3 Thermal and physical properties of R513a under different saturation pressures.

6.1432

ρl
[kg.m-3]
1201.5

ρv
[kg.m-3]
21.13

hl
[kJ.kg-1]
208.15

hv
[kJ.kg-1]
379.29

σ
[mN.m-1]
9.2372

0.5

13.1

1177.6

26.321

217.54

383.5

8.2878

0.6

19.072

1156.2

31.576

225.74

387

7.4933

0.7

24.335

1136.7

36.911

233.09

389.96

6.8099

0.8

29.059

1118.6

42.337

239.8

392.54

6.2109

0.9

33.359

1101.4

47.872

245.99

394.76

5.6765

P [MPa]

Tsat [oC]

0.4

5.3.1 Effect of Nozzle Inlet Pressure
As has been discussed previously, the nozzle inlet pressure has a significant effect
on the overall spray cooling performance. Several parameters will change upon the
increases, or decreases of the inlet pressure and the alternation of these parameters will cast
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a shade over the performance of spray cooling. Some of the crucial parameters are related
to the spray characteristics such as Weber number, Reynolds number, spray droplet mean
diameter, Sauter mean diameter, and droplet velocity. The spray characteristics recorded
under several inlet pressures and fixed chamber pressure are listed in Table 5-4. It was
observed that as the inlet pressure increased, the volumetric flow rate increased
correspondingly. Furthermore, increasing the inlet pressure resulted in the increase of the
disturbance and the splash over the target surface, as shown in the pictures illustrated in
Figure 5.10. This may have had an influence on the thermal performance based on the inlet
sub-cooling temperature. The effect of the nozzle inlet pressure on the heat flux, heat
transfer coefficient, and the critical heat flux of R513a will be discussed in the following
sections.

Figure 5.10 Spray behavior of R513a during spray cooling under different nozzle inlet
pressures.
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Table 5-4 Spray characteristics of R513a under several nozzle inlet pressures.
Pin [MPa]

d32 [m]

Wed0

Red0

u [m.s-1]

Q" [m3.s-1]

0.7

4.94E-05

625.84283

7.13E+04

18.7589

2.88E-06

0.8

4.38E-05

954.03962

9.19E+04

23.161

3.30E-06

0.9

4.01E-05

1291.8023

1.11E+05

26.9508

3.68E-06

5.3.1.1 The Boiling Curve
Figure 5.11 a-c, provides the boiling curves of R513a under a constant chamber
pressure, a constant nozzle inlet temperature with different inlet pressures of 0.7, 0.8, and
0.9 MPa. To better understand the thermal behavior of the working fluid, the boiling curves
can be divided into three regions. The first identified region is the single-phase region
starting from the beginning of the curve until the surface temperature exceeds the saturation
temperature of the working fluid, i.e., R513a. The low heat transfer performance observed
in this region indicates that the dominant heat transfer mechanism was the thin film
convection heat transfer. Afterward, the boiling curve started to shift upward, and the heat
flux started to increase drastically indicating the beginning of the phase-change region. The
extraordinary enhancement in the thermal performance during this region indicates the
presence of nucleate boiling as the controlling mechanism, in addition to the occasional
secondary nucleation and thin-film evaporation. As the surface temperature of the target
surface elevated, some parts over the surface started to dry out, and the heat flux increased
while the superheat degree emerged fiercely. At that point, the curve enters the last region
which is the critical heat flux region. Afterward, once the heat flux passes the CHF the
target surface will dry out entirely and cause the temperature to increase drastically.
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(a)

(b)
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(c)

Figure 5.11 The boiling curve of the refrigerant R513a during spray cooling under constant
chamber pressure and sub-cooling temperature with different nozzle inlet pressures,
(a) 0.7 MPa, (b) 0.8 MPa, and (c) 0.9 MPa.

Figure 5.12 Heat flux Vs. superheat degree under several nozzle inlet pressure and constant
chamber pressure and sub-cooling temperature.
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To evaluate the effect of the nozzle inlet pressure on the overall thermal
performance during spray cooling, the above graphs are overlaid in one graph, as shown in
Figure 5.12. The figure illustrates the relationship between the heat flux and the degree of
superheat under different nozzle inlet pressures of 0.7, 0.8, and 0.9 MPa, while the chamber
pressure and nozzle inlet temperature were held constant at 0.5 MPa and 23.2 °C,
respectively. It was evident that as the inlet pressure increased, the overall heat transfer
removing rate enhanced remarkably. As stated before, increasing the inlet pressure while
keeping the chamber pressure constant will increase the volumetric flow rate. Therefore,
the enhancement in heat removing rate is a result of the abundance of the liquid refrigerant
that flows over the target surface due to the increase of the volumetric flowrate. Moreover,
elevating the inlet pressure will increase the disturbance of the liquid film. Thus, the
turbulence over the surface will increase, which in turn will also improve the heat transfer
through the liquid film. In addition, the secondary nucleation would be more likely to
happen due to the increase of the droplet kinetic energy.
5.3.1.2 Heat Transfer Coefficient
Generally, the heat transfer coefficient is affected by the heat removal rate and the
degree of superheat, if the target surface area is kept constant. However, as it will be
illustrated in this section that the above claim is valid only in limited cases because the
HTC most likely have a maximum value during the phase-change region. Afterward, the
HTC coefficient declines as it gets closer to the critical heat flux region as a result of the
increasing dry out area over the target surface. Thus, the area of heat transfer can be
considered as a “constant” physically, but thermally, the area of heat transfer changes
during the cooling process, and it will shrink as the surface temperature increases. Figure
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5.13 illustrates the variation of the HTC with the heat flux under a constant chamber
pressure, 0.5 MPa and a constant sub-cooling temperature of 23.2 °C, with different nozzle
inlet pressures of 0.7, 0.8, and 0.9 MPa. Also, the volumetric flow rates were changed
during these tests from 2.88×10-6 to 3.68×10-6 m3·s-1. The trend of HTC under the three
nozzle inlet pressures seems to be following the same path. Whereas the value of the HTC
starts to increase in the single-phase region and during the phase-change. Afterward, the
HTC starts to drop as the heat flux reaching the CHF zone. The maximum value of the
HTC recorded for R513a during spray cooling was 37.01 kW·m-2·K-1, at a heat flux of
119.86 W·cm-2, the nozzle inlet pressure of 0.9 MPa, and volumetric flow rate of 3.68×106

m3·s-1.

Figure 5.13 The variation of the heat transfer coefficient with the heat flux under different
operating conditions.
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5.3.1.3 Critical Heat Flux (CHF):
The CHF is a principal value to determine the limitation of a thermal management
system. The value of CHF represents the maximum heat flux that the thermal system could
handle under certain circumstances. There are many physical and thermal parameters in
spray cooling that could affect the value of the CHF, such as surface nature and geometry,
spray characteristics, operating pressure, volumetric flow rate, and operating temperature.
In this section, the effect of the volumetric flow rate, which is a result of the change in the
nozzle inlet pressure, on the CHF will be evaluated. Figure 5.14 shows the variation of the
CHF with the volumetric flow rate under constant chamber pressure of 0.5 MPa, and a
constant nozzle inlet sub-cooling temperature of 23.2 °C. Increasing the volumetric flow
rate will enhance the CHF under the same operating conditions.

Figure 5.14 The critical heat flux of R513a as a function of the volumetric flow rate.
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It can be noticed from Figure 5.14 that the CHF value increased by 36% by
increasing the volumetric flow rate to about 21%. However, that scenario is valid for a
specific condition where a constant sub-cooling temperature for all experimental sets was
maintained. It has been shown previously in the results and discussion of R450a that
increasing the volumetric flow rate worsened the thermal performance of the cooling
process. The significant difference between these two distinctive behaviors will be
discussed later.
5.3.2 Effect of Chamber Pressure
The effect of chamber pressure on the performance of spray cooling was discussed
extensively during the previous discussions of the refrigerant R450a. The study of the
chamber pressure effect without exploring its effect on the CHF will be discussed.
A set of experiments have been performed to investigate the influence of chamber
pressure on the performance of R513a during spray cooling [54]. The study includes the
effect of these parameters on the CHF, heat transfer coefficient, and surface temperature.
The spray chamber pressures were investigated at 0.4, 0.5, and 0.6 MPa, and the
nozzle inlet pressure was maintained at 0.8 MPa. The corresponding saturation
temperatures of the selected chamber pressure were 6.143, 13.1, and 19.072 °C,
respectively. The thermodynamic properties of the working fluid were calculated using the
NIST software [31].
Figure 5.15 presents the variation of the heat flux with the superheat temperature
difference ΔTsat under several spray chamber pressures. For a fixed nozzle inlet pressure
of 0.8 MPa, the overall thermal performance of the spray cooling improved as the chamber
pressure increased. It can be noticed that the chamber pressure of 0.6 MPa resulted in the
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best performance among all the chamber pressures used. The heat removal rate was
enhanced due to the improvement in the bubble growth rate in the nucleate boiling sites
over the surface. The bubble growth rate and bubble departure diameter are directly
proportioned to the evaporation pressure and temperature. According to Malenkov et al.
[52], the evaporation pressure and the surface tension are the most influential parameters
that play a significant role in the growth rate and the departure diameter of vapor bubbles.
The surface tension decreases as the chamber pressure increases, and that will reduce the
force applied on the bubble surface, and, as a result, the departure rate will enhance. The
results in this section agree with the observation of Mcgillis and coworkers [53], where
they found that for low evaporation pressure, the vapor bubble diameter that forms on the
heated surface was relatively high compared to the bubble diameter at a higher pressure.
The collapse of the giant bubble will leave a large gap on the surface. Then, the cooled
liquid adjacent to the super-heated site will move in and, due to the density difference, will
mix with the remaining superheated liquid over the nucleate site. As a result, the waiting
time to reheat the liquid to the superheated state will increase which will delay the
formation of new vapor bubbles.
Moreover, Figure 5.16 displays the heat transfer coefficient as a function of the heat
flux. At a constant nozzle inlet pressure of 0.8 MPa, the heat transfer coefficient was
improved as the chamber pressure, or evaporation pressure, elevated. The maximum heat
transfer coefficient achieved was 26.13 kW·m-2·K-1 at the chamber pressure of 0.6 MPa
and the inlet pressure of 0.8 MPa. The heat transfer coefficient is a function of the heat
flux, and, as it has been discussed previously, the heat flux increases as the chamber
pressure surges due to the improvement in the vapor bubble growth and departure rate and
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the reduction of the bubble diameter. Furthermore, the heat transfer coefficient started to
decline as the heat flux became closer to the CHF due to the increase of the dry out area
and surface temperature. Moreover, the CHF changed slightly with the change of the
chamber pressure.
Figure 5.17 shows the surface temperature as a function of the heat flux at the inlet
pressure 0.8 MPa and different chamber pressures. It can be seen from the figure that the
surface temperature increases as the chamber pressure increases due to the dependence of
the saturation temperature of the liquid film that forms on the target surface.

Figure 5.15 The variation of the heat flux with the superheat degree under constant nozzle
inlet pressure and different chamber pressure.
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Figure 5.16 HTC as a function of the heat flux under different chamber pressures and
constant nozzle inlet pressure.

Figure 5.17 The variation of the target surface temperature with heat flux under different
chamber pressures.
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5.3.3 Nozzle Inlet Sub-cooling Degree
In the literature, there are two different thermal performances reported regarding
the effect of the nozzle inlet temperature. While, some researchers report that upon the
increase of inlet pressure and volumetric flow rate, the overall thermal performance would
enhance consistently [10][18][55]. In contrast, others claim that as the nozzle inlet pressure
and volumetric flow rate increase, the thermal performance will increase to a certain point
and then it will start to decline or it would have no significant impact [20][51]. On the one
hand, in this research, the results of the performance of refrigerant R450a shows a
reasonable agreement with what has been reported by references [20] and [51], and it was
discussed previously during the analysis of R450a result. On the other hand, the results of
R513a shows different behavior, whereby the overall thermal performance got
significantly enhanced as the nozzle inlet pressure, or the volumetric flow rate, increased.
This may be related to the sub-cooling degree of the refrigerant at the nozzle inlet. The subcooling degree refers to the temperature difference between the refrigerant temperature at
the nozzle inlet and the corresponding saturation temperature at the nozzle inlet pressure.
It was reported in several studies that the degree of sub-cooling temperature had a
significant impact on the thermal performance of spray cooling due to its effect on the flash
evaporation of the refrigerant during the expansion process through the nozzle [56][48][8].
However, those investigations looked at the sub-cooling temperature effects at a fixed
nozzle inlet operating pressure or at a fixed volumetric flow rate, which may have
overlooked the combination effect of the inlet pressure and the degree of sub-cooling.
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5.3.3.1 Effect of Sub-cooling Degree at Constant Inlet and Chamber Pressures
In order to clarify the effect of the sub-cooling degree alone on the thermal
performance, a set of experiments were performed where the chamber pressure and the
nozzle inlet pressure was held constant at 0.5 and 0.9 MPa, respectively, while the subcooling temperature was decreased from 33.4 °C to 23.2 °C with a 5 K temperature
difference step. The schematic diagram shown in Figure 5.18 depicts the three cases of the
inlet sub-cooling temperature degree on the P-h diagram. The amount of vapor and liquid
quality varied based on operating pressure and the sub-cooling temperature, as listed in
Table 5-5. Also, the actual volumetric flow rate (Table 5-5) is speculated using Eq. 5.21,
′
where XL is the liquid quality which equals 1- the vapor quality (XV), and 𝑄𝑚
is the

volumetric flow rate measured by the flow meter.
′
′
𝑄𝑎𝑐𝑡
= 𝑋𝐿 . 𝑄𝑚

(5.21)

Fundamentally, changing the degree of the inlet sub-cooling temperature will have
an impact on two properties, the vapor quality and enthalpy. Upon the degree of subcooling increases, the vapor quality will reduce, allowing more liquid to reach the target
surface, as depicts in Table 5-5.
Table 5-5 Physical and thermal properties of R513a at different sub-cooling degrees.
Pin [MPa]

0.9

Pch [MPa]

0.5

Tin [oC]

hin [kJ.kg-1] ρ [m3.kg-1]

Q'act [m3.s-1]

33.3

245.99

1101.4

3.05E-06

28.3

238.79

1122.2

3.21E-06

23.2

231.5

1142.5

3.37E-06
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Pch = 0.5 MPa

Figure 5.18 P-h diagram depicts the change of the sub-cooling temperature while holding
the nozzle inlet pressure constant.
Figure 5.19 demonstrates the variation of the heat flux with the superheat degree
under the constant nozzle inlet pressure 0.9 MPa, chamber pressure 0.5 MPa, and different
sub-cooling degrees, 23.2, 28.7 and 33.4 °C. It can be seen from the figure that the subcooling degree had no considerable impact on the heat removal rate at low superheat
degrees. However, upon the superheat increased, the influence of the sub-cooling degree
became evident. Also, as can be seen from Figure 5.19, a remarkable enhancement was
observed when the sub-cooling temperature was kept at 23.2 °C followed by 28.7 °C.
However, when the refrigerant entered the nozzle at the saturated temperature, i.e., 33.4
°C, the boiling cure was very short where the critical heat flux was reached to significantly
low superheat degree, i.e. 33 K. This indicates a deficiency in the amount of liquid that
reached the surface during the cooling process. It is evident that a significant amount of
liquid evaporates during the expansion process through the nozzle that takes place inside
the two-phase region. That effect is illustrated in Figure 5.18. Moreover, the spray
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characteristics illustrated in Figure 5.20 (a) and (b) support the previous claim, whereby,
(a) the liquid enters saturated to the nozzle at 33.4 °C, and (b) the liquid enters the nozzle
sub-cooled at 23.3 °C. It is evident from the pictures (a) and (b) that there is a visible
variation between the two pictures in terms of spray cone angle and sprays density. The
spray cone angle has become more extensive, and the spray has become denser when the
liquid enters the nozzle sub-cooled at 23.2 °C.
The overall heat transfer enhanced when the sub-cooling degrees were at 28.7 and
23.2 °C by approximately 26% and 34%, respectively. The enhancement includes the
critical heat flux and the degree of superheat. One possible reason for this enhancement in
the thermal performance is the sub-cooling degree, which obviously has an impact on the
amount of the liquid that could pass through the nozzle, as listed in Table 5-5.

Figure 5.19 The variation of the heat flux with the superheat degree under constant nozzle
inlet pressure, chamber pressure, and different sub-cooling degrees.
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Figure 5.20 Spray characteristics at two different nozzle inlet sub-cooling temperatures,
where (a) Tsat = 33.4 °C, and (b) Tsat = 23.3 °C.
The HTC also appeared to be significantly influenced by the sub-cooling degree.
Figure 5.21 shows the variation of the HTC with the heat flux under different nozzle inlet
sub-cooling degrees. The operating conditions, volumetric flow rate, and sub-cooling
degrees are all listed in Table 5-5. Although the HTC values seem to be higher at low heat
flux when the liquid enters saturated to the nozzle, i.e., 33.4 °C, they do not indicate
considerable thermal performances because of the low heat removing rate and low CHF,
below 100 W·cm-2, obtained at 33.4 °C inlet temperature. The main reason for this unique
cooling behavior at this sub-cooling degree, i.e. 33.4 °C, is that the phase change of the
refrigerant happens right after the expansion through the nozzle, which allows the nucleate
boiling and thin-film evaporation mechanisms to dominate the cooling process over the
target surface. However, a significant amount of the refrigerant evaporates during the
throttling process or even before it due to the high saturation temperature. Moreover, the
overall HTC enhances upon the increase of the sub-cooling as well as the superheat degree.
It is evident that the highest HTC reached during the spray cooling process under the
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current conditions was obtained at a sub-cooling temperature of 23.2 °C as shown in Figure
5.21. The speculated enhancement of the heat transfer coefficient at 23.2 °C sub-cooling
degree is about 8% compared to that obtained at 33.4 °C inlet temperature and by 20%
compared to the 28.7 °C sub-cooling temperature. It is noteworthy to mention here that the
spray cone angle plays a significant rule in the coverage area, whereby upon increasing the
cone angle, more area will be under the spray impact, which allows more liquid to flow
over the surface. However, at a low sub-cooling degree or the saturation temperature the
cone angle will be minimal; see Figure 5.20; thus, a significant area of the target surface
will be outside the impact. Consequently, low thermal performance will be evident, as
demonstrated in Figure 5.19 and 5.24.

Figure 5.21 The variation of the heat transfer coefficient under constant operating pressure
and different nozzle inlet sub-cooling degrees.
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5.3.3.2 Combined Effect of Sub-cooling Degree and Nozzle Inlet Pressure
Three different scenarios will be discussed in this section. The nozzle inlet pressure
was changed from 0.7 to 0.9 MPa while (a) holding the sub-cooling temperature constant
at 24.2 °C, (b) keeping the sub-cooling temperature with a constant temperature difference,
i.e., 5K, and (c) having the liquid refrigerant enter the nozzle saturated at the corresponding
temperature of the inlet pressure. Figure 5.22 illustrates the pressure-enthalpy, P-h, diagram
of three different conditions of the three cases, (a) to (c), listed before. These three cases
cover the possible scenarios of the nozzle inlet temperature except one case where the
liquid expansion takes place inside the liquid region. This was not investigated in the study
due to the sub-cooling system limitation. The first case is covered and discussed previously
in terms of thermal performance in section 5.3.1. There will be further dissection regarding
the influence of the sub-cooling inlet temperature.

Figure 5.22 P-h diagram of the three different cases of the nozzle inlet sub-cooling
temperatures that were investigated for R513a.
To shed light on the influence of the evaporation rate of the refrigerant during the
spray cooling and its influence on the overall thermal performance, the spray cooling
efficiency should be evaluated. The spray cooling efficiency is defined as the ratio of the
actual heat removed from the cooling surface to the total maximum possible heat removal
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capacity by the coolant, assuming that all the delivered coolant from the nozzle evaporates
through absorbing heat from the target surface [48]. Spray efficiency is an essential and
useful term that explains and clarifies spray cooling thermal performance under certain
circumstances.
The spray efficiency can be speculated using the following expression [57].

ⴄ=

𝐴𝑞"
𝑚̇(𝐶𝑝 (𝑇𝑠𝑎𝑡 − 𝑇𝑖𝑛 ) + ℎ𝑓𝑔 )

(5.22)

The denominator represents the maximum heat removal capability of the working
fluid, which includes the sensible heating represented by the first term, and the latent heat
of vaporization.
The first case study is when the coolant enters the spray nozzle as a saturated liquid.
The saturated temperature of the liquid represents the corresponding temperature of the
given nozzle inlet pressure. The thermal and physical properties under different nozzle inlet
pressures, .07, 0.8, and 0.9 MPa, are listed in Table 5-6. Based on the values of the actual
volumetric flow rate listed in the table, there was an increment in the volumetric flow rate
by about 8.5% and 6.3% when the nozzle inlet pressure was increased from 0.7 to 0.8 and
from 0.8 to 0.9, respectively. Moreover, by comparing the measured volumetric flow rate
with the expected one, there was about 9.3%, 13.4%, and 17.1% deficiency in three
selected volumetric flow rates, respectively.
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Table 5-6 The thermal and physical properties of R513a under different nozzle inlet
pressures.
Pch (MPa)

0.5

Tin (oC)

Pin (MPa)

hin (kJ.kg-1)

ρ (m3.kg-1)

Q'act (m3.s-1)

24.3

0.7

233.09

1136.7

2.61E-06

29.0

0.8

239.8

1118.5

2.85E-06

33.3

0.9

245.99

1101.4

3.05E-06

Figure 5.24 represents the P-h diagram of the spray process inside the refrigeration
cycle. The throttling process under the selected operating pressure for this study case took
place entirely inside the two-phase region. It is speculated that the phase change of the
coolant starts once the liquid touches the target surface. However, the cooling performance
is expected to be inadequate because of the deficiency of the amount of liquid delivered
from the nozzle due to the flash evaporation during and after the expansion process. The
lack of coolant over the cooling surface was captured during the spray process under these
operating conditions as shown in the pictures illustrated in Figure 5.24. It is evident from
the pictures that there was a significant change of the spray cone upon increasing the nozzle
inlet pressure, especially the cone angle.
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Figure 5.23 Pictures of the spray cone under saturated nozzle inlet pressures of 0.7, 0.8,
and 0.9 MPa.

Figure 5.24 The P-h diagram of the spray process inside the refrigeration cycle under
several nozzle inlet pressures and the corresponding saturation temperature.
The thermal performance of the spray cooling is primarily affected by the
volumetric flow rate if the effect of the sub-cooling is not the dominant parameter [18].
Therefore, since there is no sub-cooling effect in the current conditions, the volumetric
flow rate can be considered as the influential factor of the thermal performance for this
case study.
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Figure 5.25 shows the variation of the heat flux with a superheat degree under three
nozzle inlet pressures, 0.7, 0.8, 0.9 MPa, and the nozzle inlet temperatures were set at the
corresponding saturation temperature of the inlet pressure. The single-phase region was
very short, or even it did not exist, whereby the effect of the nozzle inlet pressure
represented by the change in the volumetric flow rate was noticeable at the early start of
the boiling curve. The trend of the curves suggests that phase-change of the coolant starts
during the expansion process due to the throttling process. Consequently, the estimated
volumetric flow rate drops significantly, thus the overall thermal performance of the spray
cooling was adversely impacted. Also, it can be observed from the figure that upon
increasing the nozzle inlet pressure, the overall thermal performance enhances attributable
to the enhancement of the volumetric flow rate. Although the actual volumetric flow rate
dropped drastically, the effect of it still dominated the cooling process. Furthermore,
because of the coolant deficiency due to the flash evaporation during the throttling process,
the degree of the superheat was considerably lower than what was obtained under other
operating conditions. The shortage of liquid over the surface accelerated the formation of
dry out areas over the cooling surface, which caused the critical heat flux region under a
significantly low superheat degree. The maximum CHF reached was 98.97 W·cm-2 under
the nozzle inlet pressure of 0.9 MPa, and the superheat degree of 27.8 °C.
Further evaluation of the spray cooling process under the saturation inlet
temperature can be explained by the spray efficiency. Figure 5.26 displays the spray
efficiency as a function of the superheat degree under nozzle inlet pressures of 0.7, 0.8, and
0.9 MPa and the corresponding saturation temperatures. It is evident from the results that
there was no noticeable change in the spray efficiency during the two-phase region except
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for a slight change that accompanied the CHF. These results indicate that almost all the
amount of the coolant delivered from the nozzle under the three selected operating pressure
had absorbed heat from the cooling surface and evaporated entirely. That is another
indication of the effect of the coolant shortage during spray cooling.

Figure 5.25 The variation of the heat flux with the superheat degree under different nozzle
inlet pressures and their corresponding saturation temperatures.
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Figure 5.26 The spray efficiency as a function of the superheat degree under several nozzle
inlet pressures and their corresponding saturation temperatures.
The second case in the study of the influence of the sub-cooling temperature
combined with the effect of the inlet pressure is illustrated in the P-h diagram in Figure
5.27. A set of experiments were performed under different nozzle inlet pressures of 0.7,
0.8, and 0.9 MPa and temperatures 19.6, 24.2, and 28.7 °C, while the chamber pressure
was kept constant at 0.5 MPa. The variation in the vapor and liquid quality, volumetric
mass flux, enthalpy, and density under these sub-cooling degrees and operation pressure
are all listed in
Table 5-7.
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Figure 5.27 P-h diagram of the second case study of the influence of the sub-cooling degree
combined with the effect of the nozzle inlet pressure.
The sub-cooling degrees were selected based on the average temperature difference
that the liquid line heat exchanger used in the experimental setup can provide. According
to the recorded operating conditions of the proposed closed-loop system employed in this
study, the liquid line heat exchanger can provide a sub-cooling degree up to 6.5 K for the
liquid without any external cooling source. The sub-cooling degree may have varied based
on other operating conditions like the ambient temperature and the liquid flow rate. In the
current case study, the sub-cooling temperature was set at 5 K lower than the saturation
temperature.
Table 5-7 The thermal and physical properties of R513a under different nozzle inlet
pressures and sub-cooling degrees.
Pch (MPa)

0.5

Tin (oC)

Pin (MPa)

hin (kJ.kg-1)

ρ (m3.kg-1)

Q'act (m3.s-1)

19.3

0.7

226.11

1155.9

2.73E-06

24.0

0.8

232.7

1138.5

2.99E-06

28.3

0.9

238.79

1122.2

3.21E-06
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It depicts a negligible change in the heat removal rate during the single-phase region
and a slight change during the two-phase region between the three tested conditions.
Moreover, the overall thermal performance at the nozzle inlet pressure of 0.7 MPa and the
sub-cooling temperature of 19.6 °C obtained better performance compared to the other
operating conditions. It can be attributed to the degree of sub-cooling that weakened the
flash evaporation process during the expansion through the spray nozzle. Also, the
performance data shown in figure 5.29 implies that the spray efficiency was higher at the
nozzle inlet pressure of 0.7 MPa and suggests that a significant amount of the coolant
delivered from the nozzle at this operating condition absorbed heat from the target surface
and got evaporated. Figure 5.28 shows the spray efficiency, speculated based on Eq 5.22,
as a function of the superheat degrees under the three operating conditions listed in
Table 5-7. Under the nozzle inlet pressure of 0.7 MPa, the volumetric flow rate was
lower than the other flow rates obtained under other operating conditions. The spray
efficiency at this operating condition resulted in the best performance at any given
superheat degree. This variation in the performance depends on the combined effect of the
sub-cooling degree and nozzle inlet pressure. However, it is still not clear which parameter
of these two is the predominant factor.
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Figure 5.28 Spray efficiency as a function of the superheat degrees under several operating
conditions.
The results from the third case study are shown in Figure 5.22, whereby the inlet
temperature was maintained constant at 23.2 °C, and the nozzle inlet pressure was changed
from 0.7 to 0.9 MPa. Assuming an isobaric and isothermal throttling process through the
spray nozzle, it is expected that the vapor quality and the enthalpy of the refrigerant will
be the same during the three nozzle inlet pressures. The operating condition, thermal, and
physical properties under this sub-cooling temperature, i.e., 23.2 °C, are listed in table 5.8
below.
Based on the values of the actual volumetric flow rate that was speculated using
Eq. 5.21, about 8% deficiency was observed in the amount of the liquid that evaporated
during the expansion process.
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Figure 5.29 P-h diagram of the third case study to investigate the influence of the combined
sub-cooling degree and nozzle inlet pressure.
Table 5-8 Operating condition, thermal, and physical properties of the refrigerant during
under constant sub-cooling temperature and different operating pressure.
Pch (MPa)

0.5

Tin (oC)

23.2

Pin (MPa)

hin (kJ.kg-1)

ρ (m3.kg-1)

Q'act (m3.s-1)

0.7

231.5

1141.1

2.64E-06

0.8

231.5

1141.8

3.02E-06

0.9

231.5

1142.5

3.37E-06

Figure 5.30 illustrates the variation of the heat flux with the superheat degree while
under the constant chamber pressure, 0.5 MPa, constant sub-cooling degree, 23.2 °C, and
different nozzle inlet pressures, 0.7, 0.8 and 0.9 MPa. To clarify the behavior of the cooling
process, the boiling curve is divided into three regions, the single-phase region, the twophase region, and the critical heat flux region. At the single-phase region, the boiling curve
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follows a similar trend under the three nozzle inlet pressure, whereby at a low superheat
degree, the heat removing rate is weak, and there is a slight influence of the nozzle inlet
pressure obtained in this region. As stated previously, the dominant heat transfer
mechanism in this region is the convective heat transfer. Therefore, there is no perceptible
thermal performance in this region. Although the expansion of the coolant through the
nozzle takes place inside the two-phase region, the heat transfer mechanism still can be
considered single-phase in this region because the vapor quality is not substantial and the
liquid coolant is covering the surface. Afterword, once the surface temperature exceeds
the saturation temperature of the coolant, the nucleate boiling will start to override the
cooling mechanism, and the curve enters the two-phase region. In this region, remarkable
heat fluxes were obtained under 0.8 and 0.9 MPa inlet pressures. However, a short boiling
curve under the nozzle inlet pressure of 0.7 MPa was obtained. The main reason for this
thermal performance may be the lack of coolant over the target surface, as listed in Table
5-8. Also, it is noteworthy to mention that the volumetric flow rate increased upon
increased inlet pressure. However, the actual amount of liquid that reaches the surface will
vary based on the value of vapor quality. Further clarification can be found in Figure 5.31,
whereby the spray efficiency is a function of the superheat degree. The spray efficiency is
calculated based on the expression in Eq. 5.22. It can be noticed from the figure that the
optimum spray efficiency was obtained at the nozzle inlet pressure of 0.9 MPa with a
maximum efficiency of 28%. The deficiency in the spray efficiency comes from the limited
thermal capabilities of the working fluid. The figure also depicts that at a low superheat
degree, the spray efficiency was comparable for all tested inlet pressures, whereby there
was only a 2% variation in spray efficiency in this region. It is attributed to the similar sub-
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cooling degree and vapor quality, whereby the volumetric flow rate is the only critical
factor in the diverge performance illustrated in Figure 5.30.

Figure 5.30 The variation of the heat flux with a superheat degree under different nozzle
inlet temperatures and constant inlet sub-cooling degree of 23.2 °C.

Figure 5.31 Spray efficiency as a function of the superheat degree under different nozzle
inlet pressures and the constant sub-cooling degree of 23.2 °C.
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5.3.3.3 Effect of Sub-cooling Degree on Heat Transfer Coefficient
The HTC during spray cooling is mainly affected by three factors, the coverage
area, heat transfer rate, and superheat degree. Since the saturation temperature of the
coolant inside the chamber was kept constant during the study of the sub-cooling
temperature effect, it can be assumed that the surface temperature was the driving factor.
The degree of sub-cooling of the nozzle inlet temperature influences HTC in two ways.
First, through its effect on the spray characteristics and the coverage area and, second, the
amount of the liquid delivered through the nozzle to the target surface. These factors are
the same factors that influence the overall heat transfer rate; therefore, the HTC has a
similar order of the thermal performance to the heat flux, as it will be shown later during
this section.
Figure 5.32 depicts the variation of the HTC as a function of the heat flux under
different nozzle inlet pressures, 0.7, 0.8, and 0.9 MPa. The nozzle inlet temperature was
kept at the corresponding saturation temperature of the nozzle inlet pressure. Also, the
chamber pressure was held constant during the entire experiment of this case study to
investigate the effect of the sub-cooling degree. It is evident that HTC was directly
proportional to the nozzle inlet pressure. The influence of the nozzle inlet temperature was
not apparent here, whereby the trend of the HTC follows the change in the nozzle inlet
pressure and the heat flux except at 33.4 °C, the maximum HTC was recorded at the CHF.
Besides, there was a slight change in the HTC during the two-phase region at lower inlet
saturation temperature, i.e. 24.42 and 29.12 °C, as shown in figure 5.34. Although a
maximum HTC was obtained at the CHF region when the inlet pressure was 0.9 MPa, the
value of the maximum HTC in the two-phase region was more reliable.
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Figure 5.32 The variation of the heat transfer coefficient with the heat flux under different
inlet pressures and saturation temperatures.
Afterward, the influence of the sub-cooling degree on the HTC associated with
different nozzle inlet pressures and volumetric flow rates were investigated. Figure 5.33
displays the variation of HTC with the heat flux under different nozzle inlet pressures and
sub-cooling temperatures. The coolant was sub-cooled by 5 K below the corresponding
saturation temperature at the given nozzle inlet pressure. The HTC followed a similar trend
during the three sets of experiments. There was a significant change in the HTC value in
the two-phase region and the CHF region.
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Figure 5.33 The variation of the heat transfer coefficient with the heat flux under different
nozzle inlet pressures and sub-cooling temperatures.
The combined effect of the nozzle inlet pressure and the sub-cooling degree is
evident here, whereby lower nozzle inlet pressure, 0.7 MPa, i.e., lower volumetric flow
rate, associated with lower subcooling temperature,19.6 °C obtained better overall HTC.
Which was better than the other operating conditions, whereby, the maximum HTC is
29.46 kW·m-2·K-1 attributed to lower vapor quality at this low inlet sub-cooling
temperature.
The change in the HTC over the cooling surface became consistent upon keeping
the subcooling temperature at 23.2 °C, for all inlet nozzle pressure, whereby, as the nozzle
inlet pressure increased, the HTC performance enhanced. Figure 5.34 illustrates the
relationship between the HTC and the heat flux under several nozzle inlet pressures and
the constant sub-cooling temperature. The HTC enhanced upon the heat flux increase
through the single and the two-phase region until reaching a maximum value, and it started
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to drop drastically especially at 0.7 and 0.8 MPa. Furthermore, a maximum HTC of 37.01
kW·m-2·K-1 was recorded at 0.9 MPa nozzle inlet pressure. Since the nozzle inlet subcooling temperature was kept unchanged during the experiment in this section, the HTC
enhancement may be attributed to the enhancement in the volumetric flow rate, spray
characteristics, and the coverage area.

Figure 5.34 The variation of the HTC with the heat flux under different inlet nozzle
pressures and the constant sub-cooling temperature maintained at 23.2 °C.
5.4 Performance Comparison between R134a, R450a, and R513a
A set of experiments were designed to investigate the influence of the nozzle inlet
pressure, chamber pressure, and volumetric flow rate on the thermal performance of R134a,
R450a, and R513a during spray cooling. The study included the effect of these parameters
on the CHF, heat transfer coefficient, and surface temperature.
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Table 5-9 Thermodynamic and physical properties of the refrigerants.

R134a

R450a

R513a

P
[MPa]

Tsat
[oC]

ρl
[kg.m-3]

0.4

8.93

1264.7

ρv
[kg.m3
]
19.529

hl
[kJ.kg-1]

hv
[kJ.kg-1]

212.11

403.72

σ
[mN.m1
]
10.188

0.5

15.73

1240.8

24.317

221.5

407.47

9.26

0.6

21.57

1219.5

29.155

229.68

410.57

8.48

0.7

26.71

1200.2

34.054

236.99

413.2

7.80

0.8

31.32

1182.2

39.025

243.65

415.46

7.21

0.9

35.52

1165.4

44.078

249.78

417.43

6.67

P
[MPa]

Tsat
[oC]

ρl
[kg.m-3]

hl
[kJ.kg-1]

hv
[kJ.kg-1]

0.4

12.56

1219.6

ρv
[kg.m3
]
20.398

216.92

397.51

σ
[mN.m1
]
10.08

0.5

19.55

1196.2

25.411

226.54

401.66

9.12

0.6

25.56

1175.3

30.482

234.92

405.09

8.31

0.7

30.85

1156.3

35.624

242.42

408.02

7.61

0.8

35.60

1138.6

40.85

249.24

410.54

6.99

0.9

39.92

1121.9

46.17

255.53

412.76

6.44

P
[MPa]

Tsat
[oC]

ρl
[kg.m-3]

hl
[kJ.kg-1]

hv
[kJ.kg-1]

0.4

6.14

1201.5

ρv
[kg.m3
]
21.13

208.15

379.29

σ
[mN.m1
]
9.23

0.5

13.1

1177.6

26.321

217.54

383.5

8.28

0.6

19.07

1156.2

31.576

225.74

387

7.49

0.7

24.33

1136.7

36.911

233.09

389.96

6.80

0.8

29.05

1118.6

42.337

239.8

392.54

6.21

0.9

33.35

1101.4

47.872

245.99

394.76

5.67

Table 5-9 contains the thermal and physical properties of the selected working
fluids used during different working conditions [38].
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Table 5-10 The spray characteristics of R134a, R450a, and R513a based on the operation
conditions of the performed in this study.

R134a

R450a

R513a

Pin
[MPa]
0.7
0.8
0.9

d32
[m]
5.24E-05
4.65E-05
4.26E-05

Pin
[MPa]
0.7
0.8
0.9

d32
[m]
5.09E-05
4.52E-05
4.13E-05

Pin
[MPa]
0.7
0.8
0.9

d32
[m]
4.94E-05
4.38E-05
4.01E-05

Wed0

Red0

489.97
746.14
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5.4.1 Boiling Curves
Figure 5.35 a-c illustrates the boiling curves of R134a, R450a, and R513a,
respectively. Fixed experimental sets were conducted under an inlet pressure of 0.9 MPa,
chamber pressure of 0.5 MPa, and the nozzle inlet temperature of 26 ± 0.75 °C. To better
understand the heat transfer mechanisms, the boiling curve can be divided into three
regions, namely, single-phase, two-phase or phase change, and critical heat flux (CHF)
region, as shown in figure 5.37 a-c. Also, it is important to mention that refrigerants have
a very low saturation temperature as given in Table 5-9, and it is expected to have a phase
change during the whole cooling process. However, the evaporation rate will change
significantly based on the superheat degree. The single-phase region was evident at a low
superheat degree for all examined refrigerants. It is likely that the dominated heat transfer
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mechanism in the single-phase region is the thin film convection. It can be noticed from
the figure 5.37 a-c, the boiling curve slope starts linear for the first lower superheat degrees,
and then it starts to shift, especially for R134a and R450a. As the superheat degree
increased the boiling curve started to have a sharp change indicating the end of the singlephase region and the beginning of the phase-change region. In this region, the nucleate
boiling heat transfer is the overriding heat transfer mechanism, and the best heat transfer
performance tends to happen in this region. As the superheat degree gets elevated more
nucleation sites will be created on the cooling surface, and that accelerates the phasechange process of the liquid over the surface resulting in a remarkable enhancement in the
heat removal rate. The main reason for the improvement in the heat transfer removal rate
in this region is the phase-change phenomenon and the disturbance that happens on the
cooling surface due to the collapse of the vapor bubbles and the sporadic occurrence of the
secondary nucleation. The secondary nucleation happens when a droplet hits a growing
vapor bubble in a nucleation site leading to the breakdown of the vapor bubble into smaller
bubbles that spread inside the liquid film that create multiple small secondary nucleation
sites within the liquid film. As the curve gets closer to the CHF region, more dry-out areas
will start to form over the target surface leading to a substantial increase in the superheat
degree while the heat flux increases slightly. Once the cooling area reaches the critical
temperature, the whole surface area will be dry, and the surface temperature will increase
drastically. As a result, and due to the high surface temperature, the spray droplet will
evaporate before it hits the surface forming a vapor layer over the surface that prevents the
spray liquid from reaching the surface.
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Figure 5.35 Boiling curves of (a) R134a, (b) R450a, and (c) R513a at nozzle inlet pressure,
Pin = 0.9 MPa, and spray chamber pressure, Pch = 0.5 MPa.
The variation of the heat flux with the target surface superheat degree for the three
refrigerants under a fixed chamber pressure, Pch = 0.5 MPa, nozzle inlet temperature of 26
± 0.75 °C, and different inlet pressures of 0.7, 0.8, and 0.9 MPa is shown in Figure 5.36
(a)-(c). Accordingly, the volumetric flow rate of the spray was 2.88, 3.3, and 3.68 × 10-6
m3·s-1. The change of the inlet pressure caused a significant change in the spray
characteristics, as presented in Table 5-10, where the droplet velocity, Weber number, and
Reynolds number substantially increased while the droplet Sauter mean diameter, d32,
decreased resulting in very fine spray droplets. Based on the values of Weber and Reynolds
number, the breakdown of the spray in this study fits the description of the atomization
category described in the literature [11]. A high-speed camera was used to visualize and
capture the spray process, and in order to have a clear view of the spray, as shown in Figure
5.37. It is evident that as the volumetric flow rate elevated due to the rise of the inlet
pressure, the spray became denser, and the disturbance and the spray splash on the liquid
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film near the target surface substantially increased, as illustrated in Figure 5.37. Thus, the
best thermal performance of R134a, R450a, and R513a were recorded at a higher
volumetric flow rate, i.e., 3.68 × 10-6 m3·s-1 as shown in Figure 5.36 (c). Although R134a
had better thermal properties than that of R450a and R513a, R540a demonstrated better
overall performance than both R134a and R513a under the same operating pressure and
volumetric flow rate. Whereby the overall cooling performance of R450a was higher than
that of R134a by 20%, 25%, and 23% at nozzle inlet pressures of 0.7, 0.8, and 0.9 MPa,
respectively. Hence, it is evident that the overriding thermal property in this process is the
saturation temperature, which is the only reason that can be highlighted in this argument.
Whereas, under the same chamber pressure of 0.5 MPa, R450a had a higher saturation
temperature than R134a and R513a as shown in Table 5-9.
In contrast, under the same chamber pressure of 0.5 MPa, R513a had a saturation
temperature lower than R134a and, therefore, it demonstrated lower cooling performance
than those shown by R134a by approximately 27%, 25%, and 14% when the inlet pressure
was 0.7, 0.8, and 0.9 MPa, respectively. Thus, comparing the performance based on the
operating pressure will overlook the effect of the saturation temperature of the refrigerants.
A higher saturation temperature will allow the liquid to absorb more heat at a lower
superheat degree resulting in a higher heat removal rate. In order to have more insights into
the effect of the chamber saturation temperature, one set of experiments was conducted
where the saturation temperature of all examined refrigerants were kept constant at 14 ± 1
°C, and the inlet pressure was fixed at 0.9 MPa. The results indicated that nearly all the
refrigerants displayed similar performance with slight differences, as shown in Figure 5.38,
which agrees with the assumption stated previously.
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(a)

Q’ = 2.88 × 10-6 m3. s-1

(b)

Q’ = 3.3 × 10-6 m3. s-1
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Q’ = 3.68 × 10-6 m3. s-1

Figure 5.36 The variation of the heat flux vs. superheat degree for refrigerant R134a,
R450a, and R513a at Pch = 0.5 MPa and (a) Pin = 0.7 MPa, (b) Pin = 0.8
MPa, and (c) Pin = 0.9 MPa.

Pin = 0.7 MPa
(c)

(b) Pin = 0.8 MPa

(c) Pin = 0.9 MPa

Figure 5.37 Photos of the spray cone of R450a during different inlet pressures.
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Figure 5.38 The effect of the saturation temperature on the variation of the heat flux as a
function of the surface superheat degree.
5.4.2 Heat Transfer Coefficient (HTC)
Figure 5.39 a-c, show the variation of the HTC as a function of the heat flux
for refrigerants R134a, R450a, and R513a under the chamber pressure of 0.5 MPa and
different nozzle inlet pressures of 0.7, 0.8, and 0.9 MPa. The nozzle inlet temperature was
kept constant at 26 ± 0.75 °C, and the volumetric flow rate was varied from 2.88 to 3.68 ×
10-6 m3·s-1. For each refrigerant, the HTC was increased consistently as the increase of heat
flux until reaching the upper bond of the curve where the maximum value of the HTC was
obtained. Then, it declined drastically as the heat flux reached closer to the CHF region.
The maximum HTC obtained by R134a, R450a, and R513a was 37.51, 58.94, and 35.95
kW·m-2·K-1, respectively, under the chamber pressure of 0.5 MPa and the nozzle inlet
pressure of 0.9 MPa. Moreover, the best HTC was obtained at the phase-change region for
all examined refrigerants under different operating conditions, which agrees with the
hypothesis of the nucleate boiling mechanism in the phase-change region suggested by
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many researchers in previous studies [58]. Based on the HTC values, R450a showed better
cooling capability, approximately 36% greater than that of R134a and 39% higher than that
of R513a. Basically, this result may have occurred because of the saturation temperature
effect, as discussed previously. In contrast, R513a showed lower HTC than R134a at the
same operating condition. The saturation temperature of the refrigerant plays a significant
role in the overall thermal performance, and it is crucial not to ignore its effect when
comparing different working fluids. Figure 5.40 illustrates the variation of the HTC as a
function of the heat flux for refrigerants R134a, R450a, and R513a under 0.9 MPa nozzle
inlet pressure and 14 ± 1 °C saturation temperature in the spray chamber. It can be noticed
that the three refrigerants had nearly the same tendency except a slight difference in the
upper bond in the phase-change region. The values of the HTC of R134a, R450a, and
R513a at this operation condition were 37.51, 37.87, and 35.95 kW·m-2·K-1, respectively.

(a)
Q’ = 2.88 × 10-6 m3. s-1
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(b)
Q’ = 3.3 × 10-6 m3. s-1

(c)

Q’ = 3.68 × 10-6 m3. s-1

Figure 5.39 The heat transfer coefficient as a function of the heat flux for R134a, R450a
and R513a at Pch = 0.5 MPa and Pin = (a) 0.7, (b) 0.8 and (c) 0.9 MPa.
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Figure 5.40 Heat transfer coefficient vs. heat flux for R134a, R450a, and R513a at Pin =
0.9 MPa and the chamber saturation temperature of 14 ± 1 °C.
5.4.3 Critical Heat Flux (CHF)
The critical heat flux is an essential factor that evaluates the cooling
capabilities of a working fluid. Figure 5.41 presents the variation of the CHF as a function
of the volumetric flow rates for R134a, R450a, and R513a under the same chamber
pressure and different volumetric flow rates. As has been stated previously, the volumetric
flow rate increased as the pressure drop between the nozzle inlet and the chamber pressure
elevated. The CHF improved almost linearly by approximately 26% for R134a, 16% for
R450a, and 36% for R513a when the volumetric flow rate increased from 2.88 to 3.68 ×
10-6 m3·s-1. Also, the presented results indicate that for the same volumetric flow rate,
R450a showed better performance in terms of CHF values. For instance, when the
volumetric flow rate was 3.86 × 10-6 m3·s-1, the CHF of R134a, R450a, and R513a were
148.11, 154.83, and 131.88 W·cm-2, respectively. Furthermore, the CHF of R450a was
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higher than that of R134a by approximately 17% at the lower volumetric flow rate, i.e. 2.88
× 10-6 m3·s-1, and by 4.3% at the highest volumetric flowrate, i.e. 3.68 × 10-6 m3·s-1.
Meanwhile, R513a showed lower CHF than R134a by approximately 22% at the lower
volumetric flowrate and by 11% at the highest flow rate.

Figure 5.41 The CHF as a function of the volumetric flow rate for R134a, R450a, and
R513a.

5.4.4 CoeffIcient of Performance (COP)
The standard COP of the refrigeration system was calculated based on the Eq. 2.9,
assuming that the refrigerant exits saturated from the evaporator and sub-cooled from the
condenser. The compressor outlet state point is estimated based on the temperature
measurement from a thermocouple attached to the discharge line combined with the
condenser pressure. Similarly, all other thermal properties at each state point were
calculated using NIST software [6]. However, to evaluate the enhancement in the standard
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COP of the refrigeration system, the influence of the liquid line heat exchanger was not
considered in COP calculation. Meanwhile, the COP of the combined spray-refrigeration
system is estimated using the Eq. 2.10. The heat removal rate at the critical heat flux was
selected as the (Qspray) as in Eq. 2.10. The histograms shown in Figure 5.44 (a) and (b)
indicate the comparison between the COP of the refrigeration system and the combined
spray-refrigeration system for the refrigerants R450a and R513a, respectively. The COP
was calculated at three nozzle inlet pressures, 0.7, 0.8, and 0.9 MPa. Meanwhile, the
evaporator and condenser pressure was altered accordingly. Therefore, the data indicate
that the value of the COP for both refrigerants was enhanced slightly when the spray
cooling was in operation within the refrigeration system. By comparing the values of COP,
the combined system obtained an enhancement by 17.85% for R450a and about 16% for
R513a.
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Figure 5.42 Histogram comparison between the standard COP of the refrigeration system
and the COP of the combined spray-refrigeration system where (a) for R450a and
(b) R513a.
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6

CHAPTER SIX

SUMMARY AND CONCLUSIONS
In the last three decades, spray cooling has received increased attention due to its
high thermal performance as a cooling technique. Recently, some researchers have
examined dielectric fluids such as FC-72, FC-87, ammonia, and several kinds of
refrigerants for spray cooling applications. It was found that the use of dielectric fluids in
spray cooling demonstrates significant thermal performance suitable for electronic
applications. Although outstanding efforts were carried out in the previous researches in
developing and enhancing the spray cooling system for the low-temperature applications,
there are still many gaps to be explored. Whereby, several issues have been identified with
the working fluids that had been studied so far, such as flammability, toxicity, corrosivity,
and the negative impact on the environment, besides, only a few studies were conducted
implementing a closed-loop system.
In this study, two objectives were accomplished. The first was to design, build, and
test a spray cooling system combined with a refrigeration system that can be used as a
prototype for electronic cooling applications. The system was designed to work as a
conventional cooling system and as a spray cooling system. The second objective was the
evaluation of the performance of R134a and the new refrigerant R450a during spray
cooling. Below are the conclusions of the performance of the two working fluids.
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6.1 Summary of R134a Performance
1- The effect of the nozzle-to-surface distance and nozzle inlet pressure of refrigerant
R134a on the heat flux, critical heat flux, and heat transfer coefficient were
experimentally investigated. The result showed that the distance between the nozzle
and the target surface has a significant impact on heat transfer performance, HTC,
and CHF.
2- The optimum nozzle to surface distance was 23 mm, at which the spray cone
covered the entire area of the target surface.
3- The maximum CHF and HTC observed in this study were 136.8 W·cm-2 and 49.16
kW·m-2·K-1 when the nozzle to surface distance was 23 mm, the inlet pressure was
8 bar, and the chamber pressure was constant at 4 bar.
4- The result showed that the CHF was slightly enhanced for the smallest distance
between the nozzle and the targeted surface. Meanwhile, the CHF was remarkably
enhanced at 15 mm distance due to several factors, such as the increase in the
coverage area due to the increase of the cone angle.
6.2 Summary of R450a Performance
1- The thermal performance of the new, low GWP refrigerant R450a was tested at
nozzle inlet pressures of 0.7, 0.8, 0.9, and 1 MPa and spray chamber pressures of
0.3, 0.4, and 0.5 MPa, using a unique hybrid (spray cooling/refrigeration) system.
A 15 mm diameter copper block heated using a cartilage heater and designed to
mimic the actual heating load was employed as the heating element for the system.
2- Analysis of the results shows that both the nozzle inlet pressure and chamber
pressure have significant effects on the overall thermal performance of spray
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cooling. The optimum nozzle inlet pressure was 0.8 MPa and a nozzle inlet pressure
lower and higher than this value produced a lower thermal performance. In contrast,
higher chamber pressures achieved higher thermal performances. The highest
chamber pressure attained in the study was 0.5 MPa. The surface temperature of
the heated surface increased as the chamber pressure increased. This was due to the
increase of the saturation temperature of the liquid over the surface.
3- The maximum CHF attained at the nozzle inlet pressure of 0.8 MPa and spray
chamber pressure of 0.5 MPa was 154.5 W·cm-2. Similarly, the maximum heat
transfer coefficient was 51.96 W·cm-2·K-1 at a surface temperature of 41 °C and
heat flux of 108.55 W·cm-2 for the same inlet and chamber pressures.
6.3 Comparison between R134a and R450a Performance
The thermal performance of low GWP refrigerants R450a and R513a were tested
and compared with the performance of the HFC refrigerant R134a. The experiment was
conducted under nozzle inlet pressures of 0.7, 0.8, 0.9, spray chamber pressures of 0.5
MPa, and a nozzle inlet temperature of 26 ± 0.75 °C; while, the volumetric flow rate was
varied from 2.88×10-6 to 3.68×10-6 m3·s-1 based on the pressure difference between the
nozzle inlet and the spray chamber. A 15mm diameter copper block was heated using a
cartridge heater and is designed to mimic the actual heating load in the system. Here are
some of the critical conclusions:
1. The analysis of the results shows that under the same operating pressure and
volumetric flow rate, R450a obtained better performance than both R134a and
R513a. The cooling performance of R450a was higher than that of R134a by 20%,
25%, and 23% at a nozzle inlet pressure of 0.7, 0.8, and 0.9 MPa, respectively.
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2. R513a cooling performance was lower than those shown by R134a by
approximately 27%, 25%, and 14% when the inlet pressure was 0.7, 0.8, and 0.9
MPa, respectively.
3. Comparing the performance based on the operating pressure may overlook the
effect of the saturation temperature of the refrigerants.
4. The maximum HTC demonstrated by R134a, R450a, and R513a was 37.51, 58.94,
and 35.95 kW·m-2·K-1, respectively, under a chamber pressure of 0.5 MPa, and a
nozzle inlet pressure of 0.9 MPa.
5. The CHF of R450a was higher than that of R134a by approximately 17% at the
lower volumetric flow rate, i.e. 2.88 × 10-6 m3·s-1, and by 4.3% at the highest
volumetric flowrate, i.e. 3.68 × 10-6 m3·s-1.
6. R513a showed lower CHF than that of R134a by approximately 22% at the lower
volumetric flowrate and by 11% at the highest flow rate.
7. Comparing the performance of the three working fluids based on the saturation
temperature showed a slight variation between them in terms of heat flux and HTC.
8. In conclusion, R450a showed better performance than R134a and R513a under the
same operating condition, which makes it a suitable candidate to replace R134a in
spray cooling.
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